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Abstract 
Desiccant cooling systems combine sorptive dehumidification, heat recovery, evapora- 
tion and heating to create a cooling process which can offer energy savings compared to 
conventional air conditioning systems. Waste heat or solar energy can be used for the 
required regeneration of the sorbens in the dehumidifier, leading to further energy savings. 
A desiccant cooling plant with solar air collectors has been installed and parametric 
studies, particularly of the dehumidifier, have been undertaken. These show that it is 
possible to reduce the regeneration air flow with only a small reduction in the dehu- 
midification efficiency, enabling desiccant cooling systems to run with high COPs. The 
results of the measurements were used as input parameters to a new dynamic simulation 
program, which was specifically developed for the purpose of assessing the potential for 
desiccant cooling under different climatic conditions. The program predicts the hourly 
performance of a desiccant cooling system and the associated building. With this new 
simulation tool it is possible to optimise desiccant cooling systems with solar components. 
The simulations were executed for a desiccant cooling system with solar air collectors con- 
nected to a test building and using climatic data of Stuttgart, Phoenix(Arizona), Seville 
and Djakarta. The use of solar air collectors signifies that no energy storage is available 
either in the desiccant cooling system or in the solar system. Thermal inertia is only 
provided by the mass of the building. The simulations show that it is almost possible in 
climates like Stuttgart to ensure thermal comfort with a desiccant cooling system driven 
only by solar air collectors nearly all the time. In the investigated climates of Seville, 
Phoenix and Djakarta additional cooling and dehumidification are required. For the re- 
quirements of deep dehumidification in tropical climates, a double stage desiccant cooling 
cycle with a second rotating dehumidifier and a second heat recovery device is suggested. 
The mean COP of desiccant cooling systems increases by using a variable regeneration air 
flow. When using solar energy, the control of desiccant cooling systems must be adapted 
to solar operation to achieve high solar fractions. 
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Nomenclature 
a diffusivity 2/s 
A area M2 
Atoll collector area m2 
Bi* special Biot number - 
c coefficient in Langmuirs equation - 
cp heat capacity of fluid kJ/(kgK) 
CbyPass content of flow through bypass - 
COP coefficient of performance - 
D diffusion coefficient m2/s 
D diameter m 
D; interior diameter m 
dh hydraulic diameter m 
F collector efficiency factor - 
F" collector flow factor - 
Ffin standard fin efficiency - 
FR heat removal factor - 
G irradiation kWh/m2 
h heat transfer coefficient W/(m2K) 
h enthalpy kJ/kg 
he convective heat transfer coefficient W/(m2K) 
hfi heat transfer coefficient W/(m2K) 
hr radiative heat transfer coefficient W/(m2K) 
hw wind heat transfer coefficient TV/(m2K) 
hB bond enthalpy ICJ/leg 
hE evaporation enthalpy kJ/kg 
hs sorption enthalpy kJ/leg 
I irradiance l i'/m2 
I length m 
Lc Lewis number - 
rh mass flow kg/s 
11 available spaces in a monomolecular layer - 
Nu. Nusselt number - 
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Pr Prandtl number - 
P pressure Pa 
Ptot total atmospheric pressure Pa 
PS vapour pressure at saturation Pa 
P Fourier number - 
Q energy A- jl'h 
QU energy gain kll'h/m2 
r radius m 
r adaptation parameter for virtual layers - 
rh relative humidity - 
rh; indoor relative humidity - 
RA gas constant of air J/(kgK) 
Rv gas constant of vapour J/(kgK) 
RL, h heat transfer resistance m2K/W 
RL, m mass transfer resistance m2K/il' 
Re Reynolds number - 
t time s 
T absolute temperature K 
U overall heat transfer coefficient W/(m2K) 
v velocity m/s 
1p air flow process rn3/s 
VR air flow regeneration m3/s 
W width between collector fins or tubes m 
W electrical energy kWh 
x length m 
X absolute humidity g/leg 
XP absolute humidity of process air g/leg 
Xu absolute humidity of regeneration air g/kg 
Xs water content of sorbent g/kg 
XS absolute humidity at saturation g/kg 
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absorption coefficient - 
mass transfer coefficient kg/(nags) 
0x length m 
OX dehumidification g/kg 
E emissivity coefficient - 
Cabs emissivity coefficient of absorber - 
(glass emissivity coefficient of glass - 
7)coll efficiency of collector - 
7h efficiency of enthalpy exchanger - 
7lhum efficiency of humidifier - 
77xR efficiency of heat recovery - 
r)sorp efficiency of dehumidifier - 
19 temperature °C 
'0abs absorber temperature °C 
0amb ambient temperature 
°C 
19ext external temperature °C 
79f,; n inlet temperature of a collector °C 
79f, m mean fluid temperature in a collector °C 
, 9; indoor temperature °C 
79int internal temperature °C 
79p percepted temperature °C 
19P process air temperature °C 
19R regeneration air temperature °C 
A heat conductivity W/ (mK) 
p density kg/m3 
PA density of air kg/m3 
Psorp density of sorbent kg/m3 
Q radiation constant of Stefan and Boltzmann II'/(m2K4) 
T transmission coefficient - 
' porosity - 
w specific surface of a regenerator m2/m3 
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Glossary 
absorption The mass transfer of a gas into the bulk of a liquid. 
adsorbate Substance in gas or liquid phase picked up by the solid 
adsorbent. 
absorbent The solid substance providing the interface. 
adsorption Enrichment of one or more components in an interfacial 
layer on solid surfaces. 
bond enthalpy Heat of desorption. 
condensation enthalpy Heat of condensation. 
cooled sorption A sorption process in which the sorption enthalpy is re- 
moved by a heat exchanger thus increasing the dehumid- 
ification potential. A cooled sorption is not possible with 
a rotary dehumidifier. 
enthalpy exchanger Combined heat and mass recovery in which both mass 
and heat transfer are involved, employing an adsorbent 
matrix with a large moisture and heat capacity. 
evaporation enthalpy Heat of evaporation. 
heat regenerator Rotating heat recovery which consist of a revolving 
porous matrix through which two physically separated air 
streams pass in counterflow. Heat regenerators require a 
non-hygroscopic matrix with a large heat capacity. 
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mass regenerator Rotating mass recovery which consist of a revolving 
porous matrix through which two physically separated 
air streams pass in counterflow. Mass regenerators re- 
quire an adsorbent matrix with a large moisture but a 
small heat capacity. 
matrix A solid structure with distributed void space in its interior 
as well as its surface. 
porosity Ratio of void volume to total volume. 
regeneration temperature Temperature required to enable desorption in a sorption 
process 
sorption Sorption is the comprehensive term for all processes in 
which a substance is selectively bound by another sub- 
stance. 
sorption enthalpy The sorption enthalpy is the sum of the evaporation en- 




Cooling is important for space conditioning of most buildings in warm climates and in 
non-residential buildings with high internal cooling loads in cooler climates. Along with 
the growth of cooling loads in modern buildings with low thermal inertia, the peak elec- 
tricity demand increases during the day. This causes some problems concerning the energy 
supply in some countries, because the demand for air conditioning occurs simultaneously 
with the maximum demand of industry and households. The inertia of energy plants 
leads to a high consumption of coal, oil, gas and nuclear energy by energy companies to 
ensure the provision of electricity. To depress the swing of energy demand during the day, 
solar energy for cooling purposes could make a significant contribution to lowering the 
energy consumption. Using solar energy for cooling purposes is an attractive idea with 
good prospects for conventional air conditioning systems. The replacement of compressor 
cooling systems by solar thermal cooling systems could make an important contribution 
to environmental protection. The main argument for the applicability of solar energy is 
that cooling loads and solar availability are approximately in phase. Due to the combi- 
nation of solar cooling and heating, solar collectors which are now used only for heating 
purposes would become more economical. 
According to Figure 1.1 from the german standard DIN 1946, thermal comfort can only 
be provided if the perceived temperature does not exceed 25°C to 27°C depending on 
the ambient temperature and does not fall below 22°C to 20°C depending on the type 
of ventilation system. Furthermore, the absolute humidity should be in the range of 5 
g/leg to 12 g/kg. In Figure 1.2 the ASHRAE requirements for comfort are shown in a 
psychrometric chart. Thermal comfort is given when a human being is satisfied with the 
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temperature, the humidity and the air movements in his environment and does not wish 
to have air which is warmer, colder, dryer or more humid. To provide these thermal com- 
fort requirements FRANZKE 1995 gives a specific end energy demand of 50 kji'h/in2a for 
cooling and 75 kWh/m2a for heating in non-domestic buildings in Germany. Considering 
that the majority of the air conditioning systems are electrically driven and assuming an 
efficiency of 0.33 for the production of electricity, the amount of primary energy required 
for cooling is 150 IOW h/m2 a, which is nearly double the primary energy demand required 
for heating. Figure 1.3 shows this comparison. A total replacement of the cooling pro- 
vision by solar energy would reduce Germany's annual CO2 emissions by 150000 t per 
year. Assuming a more realistic solar fraction of 2/3, the saving potential is in the range 
of 100000 t per year. This exemplifies the potential of energy savings, the importance 
of heat protection in summer and the need of air conditioning systems that take care of 
the environment. The reduction of cooling loads (typical values are shown in Figure 1.4) 
through well-advised building design will certainly be more convenient, as it is often less 
expensive than providing additional cooling. Good building design minimizes loads on 
any air conditioning and heating system. 
A main argument for solar cooling is that the cooling demand is often correlated with the 
irradiation, for example in buildings with large glazing areas. Furthermore, the cooling 
demand often occurs during hours of high irradiation, for example in non-domestic build- 
ings like offices. Conventional compressor cooling machines can run on energy which is 
gained by using photovoltaics. The costs of these solutions, however, are currently very 
high. Solar cooling can however be accomplished by absorption cycles, adsorption cycles 
or desiccant cooling cycles. Within these classes, there are many variations, using con- 
tinuous or intermittent cycles, hot or cold side storage, various control strategies, various 
temperature ranges of operation and the use of different solar collector types. However, 
these cooling cycles are connected to district heating systems or cogeneration plants until 
now. 
The research on solar cooling was mainly established by investigations in the 70th and 
80th in the United States. Significant improvements in the absorption chiller technol- 
ogy and the desiccant cooling technology were the outcome of these investigations. The 
main focus was on components rather than on systems. In Germany there is ongoing 
research in the field of desiccant cooling systems. Particularly the performance of differ- 
ent dehumidifier technologies is being investigated in detail. Furthermore, investigations 
are conducted on the economics of desiccant cooling systems. Desiccant cooling systems 
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seem to be one of the most promising technologies for solar cooling considering energy 
efficiency and economics. 
Hence, the aim of this work is the detailed investigation of the performance of solar driven 
desiccant cooling systems. Solar air collectors, which have not been part of investigations 
to date, seem to be appropriate for the implementation of solar energy, because desiccant 
cooling systems are air handling units requiring warm air for the regeneration process. 
Therefore, a test plant has been installed to analyse a desiccant cooling system's perfor- 
mance with solar air collectors. A simulation program has been developed to evaluate 
the performance of a desiccant cooling system with solar air collectors interacting with 
a building. Parametric studies with annual simulations for four different climates have 
been conducted to calculate mean COPs, the occurrence of the possible control modes 
and the amount of cooling energy achieved with the desiccant cooling system driven only 
by solar energy. On the basis of the measurement results, the experience gained with the 
test system and the results of the annual simulations, design suggestions are formulated 
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2.1 Passive Cooling 
The microclimate and the site design can significantly influence the thermal performance 
of a building. All aspects of site design can interfere with the design of a building with 
regard to the incident irradiance and the available wind. Vegetation can also improve 
the microclimate around a building, and therefore decrease the cooling load. MOFFAT 
and SCHILLER 1981 estimated that a large tree evaporates around 1460 kg of water on 
a sunny day, which equals a cooling capacity of 242 kWh. Areas with a great deal of 
vegetation may decrease the air temperature by 2K to 3 K. 
Shading is the primary design measure of heat gain protection. External shading devices 
or the shade of surrounding vegetation or buildings can result in satisfactory thermal 
performances of the building. Internal shading devices or special glazings can also reduce 
the heat gain, but they should always be the second choice. 
The thermal mass of a building absorbs heat in the course of a day and determines the 
magnitude of indoor temperature swings, reduces peak cooling loads and transfers a part 
of the absorbed heat into the night. In non-tropical climates a building can be pre- 
cooled by night ventilation, and the cooling effect of the night can be transferred into 
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the early hours of the following day. BROWN 1990 calculated an average reduction in 
energy consumption for cooling close to 20V if night ventilation is used. According to 
SZOKOLAY 1984 an efficient thermal storage is acceptable where the diurnal swing of 
ambient temperature exceeds 10 K. Caused by the phase-shift between the air temper- 
ature swing and the surface temperature swing, the operational temperature variations 
are much lower than in lightweight buildings. In this case., higher air temperatures are 
more acceptable than in lightweight buildings. 
Ventilation is necessary in all indoor spaces to introduce the required level of fresh air. 
The required air change in buildings can be achieved by natural ventilation, mechanical 
ventilation systems or a combination of both. Natural ventilation is caused by pressure 
differences at the inlets and outlets, which are results of wind and buoyancy. Night ven- 
tilation, wind towers and solar chimneys are the main natural ventilation techniques. 
They should be used in buildings with high cooling loads and in climates where ambient 
temperatures could be a heat sink. 
In climates with a high magnitude of temperature swing between summer and winter, 
ground cooling by buried pipes could make a major contribution to lowering the cooling 
loads. Ground temperatures remain almost constant during the day at depths exceeding 
1 m. In depths of around 10 m the magnitude of seasonal temperature swings is negli- 
gible. This shows that a seasonal storage can be achieved with pipes buried at a depths 
of approximately 5 m. This technique is not appropriate to cool buildings in tropical 
climates because the temperature gradient with the ground depth is very low. 
Evaporative cooling by vegetation or mechanical humidifiers could make a major contri- 
bution to decrease cooling loads in climates with low humidity. The potential of evapora- 
tive cooling must be estimated for different climates with regard to the respective comfort 
conditions. 
2.2 Compressor Cooling 
Compression chillers are closed systems for energy transformation which are assigned to 
transport heat between different temperature reservoirs. The compression chiller, a cold 
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vapour heat pump, is the most widely used cooling technology today. In those machines 
the working medium, called refrigerant, evaporates by taking up heat from outside and 
condenses by giving off heat to the outside. To achieve a heat transformation at different 
temperatures the heat supply and the heat removal takes place at different pressures. 
and the pressure dependence of the boiling point is used. The main components of a 
compression chiller are the evaporator, the condenser, the compressor and an expansion 
valve. Figure 2.2 shows a schematic in a pressure-temperature chart. In the evaporator 
the liquid refrigerant evaporates at a low pressure and takes up heat from outside via 
a heat exchanger. The vapour of the refrigerant will be sucked in from the compressor 
and compressed. At a higher temperature and pressure level the vapour condenses in 
the condenser and gives off the heat. The condensate will be expanded down to the 
evaporation pressure in the expansion valve and the circuit is closed. The characteristic 
parameter for describing the efficiency is the coefficient of performance COP, which is 
the ratio of the expended compression work to the supplied heat to the evaporator. 
COP =Q (2.1) W 
A typical COP is, according to ZIEGLER 1997, in the range of 2 to 3 for the generation of 
cold with temperatures of -10'C, and for the purpose of air conditioning with tempera- 
tures of 5 °C , 
in the range of 4 to 5. The refrigerants mainly used are chlorofluorocarbons 
abbreviated as CFC. Because of their effects on the ozone layer of the atmosphere they 
must now be replaced with alternative refrigerants. 
In air conditioning systems in which, in addition to the cooling effect, a desired dehumid- 
ification is required, the surfaces of the heat exchanger must be cooled down below the 
dew point temperature of the passing process air. In this case dehumidification occurs by 
condensation. To achieve the desired absolute humidity, it is therefore often necessary to 
cool down the process air below the initial desired temperature. Hence a heating device 
must be installed after the cooling device. This process of dehumidification is shown in 
a psychrometric chart in Figure 2.1a. In addition to the use of heat exchangers with 
low surfaces temperatures, it is possible to dehumidify the air at cold water surfaces. 
Therefore, water droplets with a temperature below the dew point temperature can be 
sprayed into the process air flow. These dehumidification processes described above are 
applied in all air conditioning systems in which only closed cooling cycles are used. 
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The heat produced in the condenser must be removed from the system. Therefore. cooling 
towers are required to carry the heat to the outside. Closed cooling towers consist of a 
water/air heat exchanger in which the cooling water flows from the condenser. In these 
towers a fan increases the surface heat transfer coefficient. To achieve a high cooling 
efficiency, water can be sprayed, if required, onto the heat exchanger to increase the heat 
transfer by evaporation. To reduce the investments and the required space for the cooling 
tower it is additionally possible to use open cooling towers. Here the warm water from the 
condenser is sprayed in counter flow in an air stream. A small part of the heat removal is 
of sensible nature and largely of a latent nature. The disadvantages of the open cooling 
towers are the dirt retention and the amount of fresh water required for the system which 












0 10 20 30 40 50 60 70 80 90 100 
temperature [°C] 
Figure 2.1: Cooling and dehumidification process of a surface cooler with additional 
heating to the desired process condition 
2.3 Thermomechanical Cooling 
In these processes compression chillers are used, and only the driving mechanism for the 
compressor is provided thermally. In the thermomechanical Rankine process thermally 
generated steam is used in an engine. This engine drives the compressor of the com- 
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pression chiller. When comparing this system with other systems, the advantage is the 
flexibility of the energy supply. If the Rankine machine is connected to the grid and no 
cooling demand exists, generated electric energy can be supplied to the grid. On the 
other hand, this system can also be driven by electric energy if thermal energy is not 
available. However, the main disadvantage of this process is the two-step conversion of 
energy. CURRAN 1993 presents the results of the research in this regard which occurred 
in the United States in the 80th investigation. 
2.4 Absorption Cooling 
Heat transformation processes like the absorption cooling process have, in contrast to the 
compressor cooling processes, a sorption system that functions like a thermal compressor 
and replaces the mechanical compressor. In the following, the basics of closed absorption 
systems will be presented. These investigations were presented by LAMP, ZIEGLER 1997 
and ASUE 1996. A closed absorption process exchanges only heat with the surround- 
ings and no fluid such as air or refrigerant. As in a compression chiller, a refrigerant 
evaporates at low temperature and low pressure while taking up heat from outside. At a 
higher temperature and pressure level the refrigerant condenses while giving off heat to 
the outside. The evaporated refrigerant is absorbed in a sorption fluid in the absorber 
at low pressure while the sorption heat is conveyed to the outside. The solution rich in 
refrigerant must be regenerated on a high pressure and temperature level. After regen- 
eration the refrigerant vapour flows first to the condenser, afterwards the condensate to 
the evaporator and the poor solution to the absorber and the process starts again. Thus 
both, the refrigerant and the sorbens, are kept in a closed loop. An absorption system 
as described can be realised using different kinds of sorption couples. Common sorption 
couples are lithiumbromide/water and water/ammonia, where the first substance is the 
solvent and the second the refrigerant. 
Figure 2.2b shows the simplest realisation of such a machine which is called single-effect 
absorption cycle. It mainly consists of four heat exchangers for the heat transfer from 
and to the surroundings. The efficiency of this cycle represented by the coefficient of 
performance COP is theoretically 1.0 and in realised plants around 0.7, and can be 
defined by the ratio of the gained cooling energy to the supplied heating energy. The 
COP of a single-effect absorption cycle can be calculated with 
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Ti 72 COPSE 
To Ti 
(2.2) 
where To is the temperature of the evaporator, Tl the temperature of the condenser. 
which is usually the same as the absorber temperature, and T2 the temperature of the 
generator, where the heat from outside is supplied to the system. The COP of an ab- 
sorption cycle depends primarily on the temperature levels at which the heat is coupled 
in the system and out of the system. The choice of the specific sorption system with 
different sorption couples does not considerably influence the COP. The COP can only 
be increased by increasing the generator temperature. However, in single-effect cycles 
the generator temperature is given by the physical properties of the sorption couple and 
hence the maximum COP is fixed. This limitation can only be overcome with multistage 
cycles. The increase in the COP with regard to a higher driving temperature can be 
achieved by double-effect absorption cycles in which a second generator and condenser 
are implemented at a higher temperature and pressure level. Figure 2.3a shows this cycle. 
The heat of condensation of the second condenser is used to regenerate the sorbens of the 
first generator at the middle pressure and temperature level. In the double-effect cycle 
a COP of 2.0 can be theoretically achieved, in practice 1.2. It must be calculated with 
1_11_1 
COPDE = 
T1 T3 11- T2 
1111 
T1 T2 To T1 
(2.3) 
where T3 represents the highest temperature at the second generator. The double-effect 
cycle can be further improved by a third generator and condenser leading to a triple- 
effect cycle. The problem with these highly efficient absorption cycles is that the driving 
temperatures cannot be reached by efficiently operating solar collectors. As a result, it 
is necessary to find an efficient absorption cycle working with low temperatures which 
can be reached with efficiently operating solar collectors. Therefore LAMP and ZIEGLER 
1997 suggested a double-lift cycle in which a second generator and absorber is introduced 
at an intermediate pressure level resulting in a decrease of COP down to theoretically 
0.5, and in practice to 0.4. It must be calculated with 
1_11_1 
T1 T2 T1 T2 COPD 
LF1 11 (2.4) 
T1 T2 To T1 
where T2 is the temperature of the generator which is placed at the intermediate pres- 
sure and temperature level. SCHWEIGLER ET AL. 1997 developed on the basis of the 
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ideas of Alefeld a single-effect/double-lift absorption cycle shown in Figure 2.3b which 
is appropriate for the use of solar energy. The heat is used in three generators which 
were configured in sequence and the temperature of the fluid decreases more than in the 
other cycles. This property is very important for the use of solar collectors because of the 
higher efficiency at low temperatures. The COP of this cycle is between the COP of the 
single-effect cycle with 0.7 and the COP of the double-lift cycle with 0.4 and depends 
















Up to now, all of the described absorption cycles have required a pump to transport 
the solution from the absorber to the generator. Van Platen and Munters developed a 
diffusion-absorption heat pump in which the pump is replaced by a vapour-bubble pump. 
This process is described by BÄCKSTRÖM and EMBLIK 1965. In this cycle, in which the 
sorption couple of water/ammonia is used, an additional inert gas like helium is required 
to keep the process running. The main advantage of this machine is that there are no 
moving parts. This cooling principle is mainly used in small refrigerators. 
As also described on page 25, the heat removal from the condenser must be achieved by 
cooling towers. If the absorption chillers must be used for the purpose of air conditioning 
with the necessity of dehumidification, the dehumidification process described on page 
25 must also be considered. 
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Figure 2.2a: Compression chiller 
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2.5 Adsorption Cooling 
In contrast to the absorption chillers, closed adsorption chillers work with the solid adsor- 
bens silica gel and water as refrigerant. The silica gel is not movable in the closed system. 
Therefore, two reactors or sorption chambers are necessary to achieve a quasi-continuous 
process. These reactors will be alternately activated for the adsorption process and the 
desorption process with a cycle time of around 7 minutes. In addition to the sorption 
chambers, a condenser and an evaporator are necessary. The process proceeds in the 
following steps: 
1. In one of the sorption chambers the water adsorbed at the silica gel is desorbed 
(regenerated) by supplying heat. 
2. The vapour out of this sorption chamber is condensed in the condenser, giving off 
heat to the cooling water. 
3. The condensed water is sprayed into the evaporator which is typically at a near 
vacuum condition. In this way heat is removed from the cooling circuit which is 
thus cooled down to the desired temperature. 
4. In the other sorption chamber the vapour is adsorbed and the heat is given up to 
the cooling water. 
After a cycle, the process is be repeated achieving a quasi-continuous operation. This 
system can be driven with regeneration temperatures of 55 °C to 95 °C , which is a very 
appropriate temperature level for the use of solar thermal energy. With these adsorption 
cycles a COP of 0.6 can be reached at a regeneration temperature of 70'C. Figure 
2.4 shows a schematic of such an adsorption chiller. Comparing adsorption cycles with 
absorption cycles, and in particular with the absorption couple of lithiumbromide/water, 
using the adsorption couple of silica gel/water has the advantage that no crystallisation 
problems can occur. A further advantage is the low regeneration temperature level which 
can easily be provided by solar thermal energy. Adsorption chillers should always be used 
with a cold water storage, to dampen the fluctuation of the cold water temperatures out 
of the discontinuous process in the adsorption chiller. GASSEL 2000 suggests a storage 







Figure 2.4: Schematic of an adsorption chiller 
water 
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2.6 Desiccant Cooling 
In contrast to the cooling processes described up to now. desiccant cooling systems use 
no closed cooling devices. The entering humid air streams from outside and inside are 
used as refrigerants. Desiccant cooling systems are complete air handling units in which 
the cooling effect of evaporating water is used. In contrast to the evaporation process in 
compression chillers in which the total pressure acting on the refrigerant is decreased to 
start a boiling process of the refrigerant, the evaporation process in humidifiers occurs 
below the boiling point. The removal of energetic water molecules occurs through the 
passing inert air. The driving force is the difference of the partial vapour pressure of the 
liquid surface and that of the unsaturated air. Particularly in dry climates where the 
vapour pressure is not close to the saturation pressure, noticeable cooling effects can be 
gained. If appropriate for the particular climatic conditions, direct humidifiers can be 
installed in the supply air stream. If an increase of the absolute humidity is not desired, a 
cooling effect can be gained by using indirect humidification. Here, the outlet air stream 
will be humidified and the cooling effect will be utilised by a heat recovery. If the par- 
tial vapour pressure is close to the saturation pressure, only a limited cooling effect can 
be achieved. In this situation prior dehumidification could increase the possible cooling 
effect by humidification and allow moisture control. 
The cooling technology presented here is based on a process combining sorptive dehumid- 
ification, heat recovery, evaporation and heating. The so-called desiccant cooling system 
takes air from outside or from within the building (or a combination), and dehumidifies 
it with a solid or liquid desiccant, cools it by heat exchange and then evaporatively cools 
it to the desired state at a maximum 100% relative humidity in the supply air. The 
desiccant must be regenerated by heat. The dehumidification is mainly accomplished 
by rotating dehumidifiers which are heat and mass regenerators comprised of a porous 
matrix through which two physically separated air streams pass in counterflow. For the 
application in desiccant cooling systems it is usual for a carrier material to be coated or 
soaked with the desiccant. Common desiccants are silica gel and lithium chloride. 
The example in Figure 2.5 shows a desiccant cooling process under usual design conditions 
for Central Europe ('9amb = 32'C, rhamb = 40%; 19in = 26'C, rh; n = 55%). 
Ambient air 
is dried by a dehumidifier from 1 to 2, regeneratively cooled by exhaust air from 2 to 3, 
evaporatively cooled from 3 to 4 and then brought into the building. The inlet humidifier 
allows control of the temperature and humidity. Returning air at state 5 from the inside 
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of the building moves in the opposite direction and is evaporatively cooled to 6 up to sat- 
uration. At 7 the air is heated by the energy removed from the process air stream by the 
heat recovery. From 7 to 8 solar or other heat must increase the temperature up to the 
level for the particular desiccant required to regenerate it for subsequent dehumidification. 
From 8 to 9 the regeneration air takes up water from the desiccant and cools down. This 
common cycle of a desiccant cooling system shown in Figure 2.5 is called the Pennington 
cycle or ventilation cycle. In addition to the ventilation cycle, in which only fresh air 
enters the adsorbing part of the dehumidifier, a recirculation cycle is possible as shown in 
Figure 2.6. The same components are used, however building air is recirculated and am- 
bient air is only used for regeneration. The advantage of a recirculation cycle compared 
with the ventilation cycle is that the cooling capacity of the desiccant cooling system can 
be designed to be equal to the cooling load of the building. In ventilation cycles, the 
cooling capacity of the system must be higher than the cooling load because the intake 
air is often warmer and more humid. The disadvantage is that there is no fresh air supply 
in recirculation cycles. Furthermore, combinations with partial recirculation are possible. 
The energetic performance of a desiccant cooling system can be improved if a part of the 
regeneration air flow is bypassed around the desorption part of the rotating dehumidifier. 
Typical values for the bypass air flow are around 25% of the process air flow. To classify 
the process it is necessary to define a coefficient of performance. For the calculation of the 
COP it is usual to use enthalpy differences instead of temperature differences to show the 
influence of dehumidification. The thermal COP neglecting the electrical power needed 
to run the whole system is be calculated using 
cop- 





where Cbyp S represents the content of air 
bypassing around the desorption part of the 
dehumidifier and Ohheater the enthalpy differences caused by the heater or solar collectors. 
In the 70th and 80th investigations, solar desiccant cooling systems were covered in the 
United States which were surveyed by HENNING 1998. The outcome of the research 
was the development of mainly solid dehumidifiers with silica gel which showed the best 
performance and the development of several cycles like the ventilation cycle and the re- 
circulation cycle. Hybrid systems with conventional chillers have not been investigated in 
detail. JuRINAK 1882 investigated the performance of different rotating dehumidifiers in 
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desiccant cooling systems configured in the ventilation and the recirculation cycle. With 
the use of dehumidifiers with a small thermal capacity, he estimated mean thermal COPs 
in ventilation cycles which are about 25% higher than in recirculation cycles. The basis 
for this statement was the long-term consideration of different climates in the United 
States. 
BUSWEILER 1995 compared different cooling technologies with regard to their primary 
energy demand. He discovered that in principle the primary energy demand of desiccant 
cooling systems is smaller than in a comparable compressor cooling system for air con- 
ditioning. HEINRICH and FRANZKE 1997 give an overview on desiccant cooling systems 
and the components needed. They compare different adsorbens materials like lithium 
chloride and silica gel for rotating dehumidifiers and give qualitative statements concern- 
ing their sorption properties. Lithium chloride soaked cellulose is a material combination 
with a high sorption capacity, high adsorption and desorption velocities and a low bond 
enthalpy. The bond enthalpy is in the range of 6% of the evaporation enthalpy of water. 
The disadvantage of rotating dehumidifiers with lithium chloride soaked cellulose is that 
they should not be left in air conditions with rh > 0.9 over a long time. A further material 
combination for rotating dehumidifiers is silica gel on mineral fibres. The bond enthalpy 
is, according to BUSWEILER 1984, in the range of 10% of the evaporation enthalpy of 
water. The adsorption and the desorption velocity is in the middle range. Compared 
with the lithium chloride soaked cellulose the sorption capacity is lower. The advantage 
of this material combination is the insensitivity to all humidities. WEISCHEDEL 1996 
conducted investigations with a desiccant cooling system with a rotating silica gel dehu- 
midifier and showed that the desorption process starts above a regeneration temperature 
level of 45'C. Hence he conducted that solar air collectors could be a useful possibility 
for implementing solar energy in desiccant cooling systems. ERPENBECK 1999 made 
long-term measurements on a desiccant cooling system with solar liquid collectors and 
a storage system connected to a conference hall. Expect for the liquid collectors and 
the required heat exchanger, he used system components comparable to those used for 
the measurements described later on. He identified a mean COP of 0.45 over the entire 
measurement period. 
An advantage of the described desiccant cooling systems compared with the closed sys- 
tems of compression chillers or the absorption and adsorption technologies is that no 
cooling towers are required. The heat of adsorption is regained and used for the pre- 
warming of the regeneration air. The disadvantage of these systems is that the sorption 
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heat increases the temperature of the sorbens and limits the possible dehumidification. 
A cooled dehumidification process resulting in a possible deep dehumidification can be 
achieved with desiccant bed systems. They contain at least two silica gel beds, which are 
alternately activated for the adsorption and the desorption process. In these systems the 
condensation enthalpy and the bond enthalpy can be directly removed from the bed by a 
cold water circuit. In contrast to desiccant cooling systems with rotating dehumidifiers. 
cooling towers are required. KHELIFA 1984 made investigations with two silica gel bed 
reactors, where the adsorption process was cooled. Furthermore, he used a heat recovery 
for pre-cooling the air after the adsorption process with the outlet air of the room in 
this test system. For a regeneration temperature of 70 °C thermal COPS in the range of 
0.15 to 0.33 were achieved depending on the temperature of the cold water circuit for the 
cooled adsorption process. To increase the thermal COP, a second heat recovery was used 
for pre-warming the fluid upstream of the heater with the exhaust air of the desorption 
reactor. For this improved design, the COP reached values between 0.33 and 0.50 under 
the same conditions. 
Another type of desiccant cooling system with a cooled sorption process uses liquid desic- 
cants. This idea, described, for example, in DUFFIE and BECKMAN 1991, was developed 
in the 50th investigations by Loef, who used liquid triethylene glycol as the drying agent. 
This type of desiccant cooling system was marketed commercially and was used in large 
installations in the United States. In Europe, research is currently be conducted on liquid 
desiccant cooling systems. Detailed information is provided in publications of LÄVEMANN 
and SIZMANN 1992, KESSLING and LAVEMANN 1995 and KESSLING 1997. In these 
systems with liquid sorbens the process air will be dehumidified by a cooled absorption 
process in which a small stream of a hygroscopic salt solution runs over a cooled plate and 
passes the air. The salt solution is diluted by dehumidifying the air and runs to a tank. 
If heat is available, the diluted solution can be concentrated by desorbing the water and 
will be stored in another tank. The main advantage of this desiccant cooling technology 
is the possibility of energy storage. With this dehumidification technology, energy can be 
stored in the concentrated salt solution. The density of energy storage can reach values 
of 1000 MJ/m3, which is 3 times greater than the density of energy storage in an ice 
storage system. KESSLING and LÄVEMANN 1995 describe that a storage of 1 m3 can 
provide a dehumidification capacity of 10 kW over an entire day. The regeneration of the 
diluted salt solution can be achieved at temperatures over 60'C. The disadvantage of 
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Figure 2.5: Example of air conditions in a desiccant cooling ventilation cycle for normative 
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Figure 2.6: Example of air conditions in a desiccant cooling recirculation cycle for nor- 
mative conditions of Germany and a regeneration temperature of 70 °C 
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2.7 Application of Solar Energy in Cooling Processes 
A main argument for solar cooling is that the cooling demand is often correlated with the 
irradiation, for example in buildings with large glazing areas. Furthermore. the peak cool- 
ing demand often occurs during hours of high irradiation, for example in non-domestic 
buildings like offices. Hence it is sensible that the use of solar energy should be considered 
for cooling purposes. All the cooling processes described above can be classified as elec- 
trically driven processes, heat transformation processes or thermomechanical processes. 
Each of these can be supplied with solar energy. Figure 2.7 gives an overview made by 
ERPENBECK 1999. In the following the electrically powered cooling systems using pho- 
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Figure 2.7: A survey of solar cooling systems by ERPENBECK 1999 
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Collectors appropriate for solar cooling and solar air conditioning are available. The 
main differences compared to the use in warm water systems are the higher temperature 
requirements. In principle it is necessary to strive for low collector temperatures to ob- 
tain high efficiencies. Desiccant cooling systems require the lowest driving temperatures. 
These temperatures, which are in the range of 45 °C to 95°C, can be obtained with flat- 
plate collectors. Because the desiccant cooling system is a complete air handling unit. 
it is also possible to use solar air collectors. They can reach a regeneration temperature 
comparable to that of liquid flat-plate collectors in which an additional heat exchanger 
is necessary to heat the regeneration air. In adsorption cooling systems the same liquid 
collector technology can be used as in desiccant cooling systems. Absorption cooling 
systems require higher temperatures in the range of 110 °C to 150 °C , which can only be 
provided by sophisticated collector technology such as vacuum-tube collectors. When 
using solar driven absorption systems, it is necessary to optimise the desired cooling sys- 
tem and the solar system together. This is indispensable, because high COPS can only be 
reached with high temperatures and, on the other hand, the efficiencies of solar collectors 
decrease with increasing fluid temperatures. 
Large collector areas are necessary to cover the heat requirement of solar cooling sys- 
tems. Hence it is useful to replace walls and roofs by active solar components to decrease 
costs for the additional solar installations. With the construction of collector facades 
or collector roofs, large areas could be used to gain heat for the solar cooling processes. 
Particularly for the desiccant cooling systems and the adsorption cooling systems, where 
the lowest regeneration temperatures are needed, the building integration of flat-plate 
solar collectors seems to be realisable. By using solar air collectors such facades and roofs 
should be easy to realise. These collector facades could be constructed with common 
double facade technology. A sophisticated technology is the construction of glazed dou- 
ble facades with photovoltaic systems. Using the gap as an air collector, the photovoltaic 
elements are cooled and their electrical efficiency increases. Furthermore, the cooling load 
of the building decreases, as the surface temperature on the inside of the glazing is lower 
than in the case of a stagnant air layer. One such pilot project is the Mataro library near 
Barcelona. A description of the building integration and the calculation of the thermal 
performance is provided in EICKER ET AL. 1998. 
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2.8 Comparison of Cooling Technologies 
BEHNE 1997 investigated alternatives to compressor cooling systems in office building's 
in different climates. Absorption cooling systems and desiccant cooling systems (Figure 
2.5) driven by gas or district heating were considered. He showed that for each climate an 
economical and an energy saving alternative to compressor cooling systems can be found. 
BEGGS and WARWICKER 1998 give values of 14% to 50% of energy cost savings and 
savings of C02-emissions under climatic conditions representative for Central Europe for 
the use of desiccant cooling systems instead of compressor cooling systems. BUSWEILER 
and GÖBEL 1997 describe that the investments for desiccant cooling systems are in the 
same range as for conventional cooling systems with compression chillers. Furthermore, 
the main economic advantage occurs in the reduction of running costs. 
HEINRICH and FRANZKE 1997 compared different cooling technologies concerning their 
energetic performance. In Table 2.1 the results of the investigation are listed. HENNING 
ET AL. 1998 considered the use of solar energy in desiccant cooling systems, absorp- 
tion cooling systems and adsorption cooling systems. They calculated for the climatic 
conditions of Freiburg in Germany that above a solar fraction of 20%, single-effect ab- 
sorption cycles and desiccant cooling systems lead to savings of primary energy compared 
to conventional air conditioning systems with compression chillers and heat recovery. Ad- 
sorption chillers lead to an energy saving potential above a solar fraction of 30%. Having 
solar fractions of 90%, savings of 60% with desiccant cooling systems and 70% with ab- 
sorption and adsorption cycles can be achieved. 
Considering all these aspects, the desiccant cooling systems seem to be the most attrac- 
tive for the application of solar thermal energy. Under ecological aspects they are easy 
to handle, because they contain no toxic substances. Furthermore, they are economically 
attractive, because the investment costs are already close to those of conventional air 
conditioning systems providing dehumidification, heat recovery and humidification. 
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Table 2.1: Comparison of different cooling technologies by HEINRICH and FRANZKE 199 7 
driving COP COPP 
mechanism primary energy 
compression chiller for 
cooling, dehumidification electric 3-4 0.6 
and postheating 
compression chiller for 
cooling, dehumidification electric 3-4 1.2 
in co-generation 
single-effect absorption chiller for heat 
cooling, dehumidification 85'C- 180 °C 0.7 0.4 
and postheating solar thermal energy 1 
adsorption chiller for heat 
cooling, dehumidification 55'C- 95 °C 0.6 0.35 2 
and postheating solar thermal energy 1 
heat 
desiccant cooling system 45 °C - 95 °C 0.8 0.75 
solar thermal energy 
desiccant cooling system heat, electric 
in co-generation 45 °C - 95 °C 4-5 >1.6 
with compression chiller solar thermal energy 1 




Theory of Sorption in Desiccant 
Cooling Systems 
In the following chapter the theory of adsorption on solid desiccants will be described in 
general. In particular the effect of a temperature increase during the adsorption process 
and the influence on the potential of dehumidification will be discussed. Furthermore, 
models of rotating dehumidifiers will be presented. 
3.1 Theory of Adsorption and Desorption 
Sorption is the comprehensive term for all processes in which a substance is selectively 
bound by another substance. The substance picked up is called sorbat (usually in gas or 
liquid phase) and the substance picking it up is called sorbent (usually in liquid or solid 
phase). Gas molecules can be adsorbed to a surface due to the interaction between the 
gas and the molecular forces of the solid. This surface absorption is called adsorption 
and leads to an enrichment of one or more components in an interfacial layer on solid 
surfaces. In contrast to the adsorption, the absorption always results in a dilution of 
the absorbing substance. Due to this terminology the terms of absorbent and absorbate, 
adsorbent and adsorbate are used respectively in this thesis. 
When adsorbed molecules gain enough energy, they can leave the surface by overcoming 
the activation energy. This activation energy can be reached by increasing the tempera- 
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ture of the adsorbed molecules. 
A common adsorbent is silica gel, which gives in an unsaturated condition according to 
WILLMES 1992, a partial vapour pressure for water of only 0.001 Torr or 0.13 Pa. This 
corresponds to the drying potential of a concentrated sulphuric acid. As, for example, 
described in HOLLEMANN, WIBERG 1995 and ATKINS 1988, silica gel is an amorphous 
substance consisting of an irregular three-dimensional network of Si02 tetrahedrons car- 
rying hydroxyl groups. Pores arise by connections of the polysilica gel particles via 
oxygen. The dimensions depend on the size of the particles and of its packing density. 
According to JOKISCH 1975 the pores have a large active surface in the range of 500 
m2/g. The bonding of water onto the hydroxyl groups of silica gel (chemical sorption) is 
shown in the schematic in Figure 3.1. The further adsorption in additional layers occurs 
by van der Waal's forces (physical sorption) which are the decisive driving force for de- 
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Figure 3.1: Schematic of the chemical sorption on the surface of silica gel 
The most common way to characterise adsorption systems is the use of sorption isotherms 
as shown in Figure 3.2 for the example of the sorption pair water and silica gel. By plot- 
ting the sorption isotherms against the absolute humidity the dependence on temperature 
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is shown (Figure 3.2a). Using the relative humidity for the abscissa leads to a merging 
of all plots (Figure 3.2b). 
For the analytical description lying behind these curves some theoretical models such 
as based on Langmuir and BET theory are available; these are described in KRISCHER 
and KAST 1978. Langmuir developed a model in which a monomolecular allocation is 
considered on smooth surfaces up to the densest allocation of molecules in one layer. 
Instead of the number of molecules, it is possible to use the water content is and the 
Langmuir equation can be written as 
xs 
XS, 
max 'C'X (3.1) 
l+c"X 
where c is a material dependent dimensionless constant describing the bond energy of the 
first layer and Xs, ma,, the maximum adsorbate content of the monomolecular layer. This 
constant c can be calculated from the general gas constant R, the bond enthalpy hB and 




BUSWEILER 1984 uses a value of 1 for the parameter v. After filling all the free spaces 
in the first monomolecular layer, additional layers n will be adsorbed at higher vapour 
pressures. The BET theory of BRUNAUER, EMMET and TELLER 1938 results in 
_ 
c"X 1-(n+1) Xn+n"Xn+l (3.3) XS XS'ma" 
1 -X 1+(c-1) X- c"Xn+l . 
At low vapour pressures the sorbent isotherms have a shape which is equal to the Lang- 
muir isotherm and give the impression that saturation exists. At higher vapour pressures 
the curvature changes and the water content increases. This can be interpreted as multi- 
layer adsorption. 
The adsorption of gas molecules on solid surfaces causes the evaporation enthalpy to be 
released which leads to a temperature increase. In addition to the evaporation enthalpy, 
which depends on the properties of the adsorbed gas, the bond enthalpy, which depends on 
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the properties of the adsorbent, is also released. This bond enthalpy obviously depends on 
the number of gas molecules already adsorbed, so it is necessary to have a concentration 
dependant bond enthalpy. KAVIANY 1991 gives an overview of the phenomena. The 





which shows the interrelation between the vapour pressure function P and the bond 
enthalpy hB. The relation of bond enthalpy as a function of water content is shown in 
Figure 3.3a after GUTERMUTH 1980. For the application of water adsorption, which is 
part of this work, the evaporation enthalpy is given in Figure 3.3b. According to POLANYI 
1916 and KAST and Joxiscx 1972 the bond enthalpy for higher water contents is given 
by 
hB = -R "T" In(rh) (3.5) 
where rh is the relative humidity. This equation is a special case of the Clausius- 
Clapeyron equation and is not valid for very low water contents, because the adsorbed 
molecules do not cover the surfaces of the adsorbens uniformly. The sorption enthalpy h5, 
which is the heat released by the sorption process, is the sum of the evaporation enthalpy 
hE and the integral bond enthalpy hB. 
Xo 
hS = hE " (X0 - Xl) +f hB(X)dX (3.6) 
xi 
For the calculation of the kinetics of adsorption a knowledge of the exact value of the 





shown in Figure 3.3b is approximately ten times greater then the bond enthalpy- also 
shown in Figure 3.3a. Hence it is appropriate to use, according to BUSWEILER 1984, a 
mean value of around hB = 250kJ/kg. 
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After a change in the vapour pressure concentration in the environment of an adsorbens. 
the adsorption can be described with the following steps (Figure 3.4): 
1. Overcoming the mass transfer resistance of the interfacial layer 
2. Mass transfer within the adsorbent 
3. Adsorption on the inner surfaces resulting in a temperature increase 
4. Heat conduction to the surface 
5. Heat transfer from the surface to the environment 
Desorption tests by EICHENGRÜN 1993 with zeolithe and by UHLMANN 1976 and 
BUSWEILER 1984 with silica gel have shown that the velocity of desorption is higher 
than the velocity of adsorption. Two theories are available to explain this sorption hys- 
teresis. The first theory describes the hysteresis by assuming different angles of contact 
in pores with capillary condensation. In the second theory, also described by DREHER 
1979 , the assumption is that capillary condensation takes place 
in micropores which are 
placed in front of macropores while these are still filled with vapour. This phenomena 
is called the ink-bottle-effect. So the adsorption process will be slowed down. During 
desorption the macropores are filled with liquid water at the same vapour pressure and 
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Figure 3.2a: Sorption isotherms 
of silica gel dependent on absolute 
humidity and temperature after 
KRISCHER and KAST 1978 
Figure 3.2b: Sorption isotherms 
of silica gel dependent on relative 
humidity 
Figure 3.2: Sorption isotherms of the Langmuir type of silica gel 
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Figure 3.3a: Bond enthalpy de- 
pendent on water content after 
GUTERMUTH 1980 
Figure 3.3b: Evaporation en- 
thalpy of water dependent on 
temperature after KRISCHER and 
KAST 1978 
Figure 3.3: Bond enthalpy and evaporation enthalpy 
10 20 30 40 50 
water content [%] 
50 












Figure 3.4a: Sorption isothermes 








r. 0 U 
fti 
3 
Figure 3.4b: Progress of water content 






Figure 3.4c: Progress of temperature 
in the adsorbent 
time 
Figure 3.4: Adsorption after a change of concentration in the environment of an adsorbent 
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3.2 Theory of Rotating Dehumidifiers 
Rotating heat and mass regenerators consist of a revolving porous matrix through which 
two physically separated air streams pass in counterflow (Figure 3.5). The porous matrix 
is usually made by winding a thin sheet or ribbon of a material on a hub. In general, 
rotating heat and mass regenerators may be asymmetrical with different flow areas for 
each air stream and with unequal air flows in each air stream. A rotating heat and mass 
regenerator can be designed as a sensible heat regenerator, as an enthalpy exchanger 
for sensible and latent heat recovery, or as a dehumidifier. The physical properties of 
the porous matrix largely determine the performance characteristics of the regenerator. 
Sensible heat regenerators require a non-hygroscopic matrix with a large heat capacity. 
Dehumidifiers, in which maximum moisture transfer is to be gained, utilise an adsorbent 
matrix with a large moisture but a small heat capacity. Enthalpy exchangers, in which 
both mass and heat transfer are desired, employ an adsorbent matrix with a large moisture 
and heat capacity. In desiccant cooling systems, rotating dehumidifiers are used in which 
a carrier material is coated or soaked with a desiccant. 
ctor 
to heat recovery 
to outside 
Figure 3.5: Schematic of a rotating dehumidifier 
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In the case of equal air flows in the process and the regeneration section of the regen- 
erator with a hygroscopic matrix rotating at a high speed (around 10 revolutions per 
minute)SPAHN and GNIELINSKI 1971 provide an equation to calculate the maximum 
possible enthalpy exchange 
_I T/h 1+2 `"V PA 
6"w-l 
(3.8) 
where ' is the porosity of the matrix, v the velocity of the air, PA the density of the 
air, b the mass transfer coefficient, w the specific surface of the enthalpy exchanger and 1 
the length of it. The main function of a dehumidifier is to reduce the absolute humidity 
of the process air flow. To calculate the performance of rotating dehumidifiers, detailed 
finite difference models considering heat and mass transfer in the hygroscopic matrix 
have been developed, for example, by MACLAINE-CROSS 1974. These models, which are 
further developments of the theory of adsorption bed systems, describe the mass transfer 
via convection and the inner resistance of the adsorbens. An analysis of combined heat 
and mass transfer by analogy to heat transfer alone has been developed by BANKS ET 
AL. 1970 and BANKS and CLOSE 1972. They showed that the governing equations for 
a rotary heat and mass regenerator can be transformed into two independent potentials 
corresponding to the heat transfer calculation. The potentials for the heat and mass 
transfer must be derived from the properties of the applied storage materials. These 
potentials determine the outlet conditions with characteristic curves on the psychromet- 
ric chart. The advantage is the calculation of heat recovery, dehumidifier and enthalpy 
exchanger in one model. In these investigations of BANKS ET AL. 1970 and BANKS and 
CLOSE 1972, silica gel was mainly used as adsorbent. 
For the modelling of whole desiccant cooling systems in which the dehumidifiers are only 
elements, it is appropriate to use simplified models. The calculation of the maximum 
possible dehumidification will depend only on the thermodynamic properties. The driving 
force of the adsorption process is the difference of vapour pressure between the air and the 
sorbens. According to PFEIFFER 1986 the process air can be maximally dehumidified 
down to rh = constant which is marked by the condition of the regeneration air. The 
derivation is given in the following implicit equation considering the ratio of the saturation 
vapour pressures in the regeneration and process part and must be solved numerically 
with 
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OXp =Xp - 
XR 




Cp J (3.9) 
In this equation of Pfeiffer, Xp represents the absolute humidity in leg/kg of the process 
air, XR the absolute humidity of the regeneration air and _ýXp the 
dehumidification. 
Ps is the saturation pressure, hs the sorption enthalpy and hE the evaporation enthalpy. 
HENNING 1993 and ERPENBECK 1999 suggested a model on the basis of the considera- 
tions of LAVEMANN and SIZMANN 1992 and KAST 1988 in which the calculation must 
be solved along the sorption path. This method illustrated in Figure 3.6 is known as 
the intersection method and was first presented by JURINAK 1982. Here it is necessary 
to evaluate the changes of enthalpy of the air passing through the dehumidifier. The 
sorption path can be written as 
rhl rhl 














Figure 3.6: Determination of the maximal possible dehumidification of a rotating dehu- 
midifier in a psychrometric chart with the intersection method 
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The sorption path in equation 3.10 can only be specified by the material-dependent 
differential bond enthalpy hB. This sorption path is ideal because all the irreversibilitics 
of a real process are ignored. Irreversibilities are, for example, the transfer of heat. 
The dehumidification efficiency 1lsorp defined by HENNING 1993 and ERPENBECK 1999 
describes the ratio of the real dehumidification to the maximum possible dehumidification. 
The maximum possible dehumidification must be calculated from the inlet conditions of 
both the process and regeneration air stream. With the equations 3.9 and 3.10 the 
maximum possible dehumidification can be calculated. For the technical application a 
dehumidification efficiency Tlsorp must be introduced to consider all irreversibilities of the 
dehumidification process in real dehumidifiers. This dehumidification efficiency defined 
in 3.11 depends on the rotation speed of the dehumidifier and on the speed of the air 
passing the process and the regeneration section of the wheel. 
1]sorp 
XP, in - XP, out (3.11) 
OXmax 
FRANZKE 1989 asserts that the mass transfer is 87% determined by convection and the 
heat transfer is completely dependent on convection. The radiative heat transfer can be 
ignored because the adsorbens is only in a radiative exchange with an adsorbens of the 
same temperature. Based on this, only the convective part of heat and mass transfer 
need to be considered. Because the heat and mass transfer in rotating dehumidifiers is 
mainly influenced by heat transfer, the heat transfer mechanism is investigated in greater 
detail below. 
Starting from the heat balance in a tube, the length-dependent heat transfer resistance 





_ 27v (3.12) 
where rl is the inside radius of the tube and r2 the outside radius, h the surface heat 
transfer coefficient and A the heat conductivity. The mass transfer resistance RL, m is 






m = 27r 
(3.13) 
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The surface mass transfer coefficient S must be derived using the term a/D. which is the 





where a is the diffusivity and D the diffusion coefficient. For the mixture of air and 
vapour the quotient a/D is close to 1. It is possible to estimate the Nusselt number 
for the mass transfer (equal to the Nusselt number for the heat transfer), which is an 
indication of steady-state convective surface heat transfer, from 
Numass ' NUheat (3.15) 
Using the convective surface heat transfer coefficient, the hydraulic diameter dh of a tube 





To calculate the Nusselt number, and from this the convective surface heat transfer 






Here the kinematic viscosity must be considered. At 0 °C the kinematic viscosity has a 




\V'lieii the Reynolds number reaches a value of 2300 the flow changes from laminar to 





which has a value of around 0.80 for the considered processes. By applying these equations 
to the calculation of the convective surface heat transfer coefficient in rotating dehumid- 
ifiers the Nusselt number can be calculated for a tube with laminar flow according to 
WAGNER 1998 by 
Nu=0.664" Re" 
- h. 3Pr. (3.20) 
This equation is valid, because the Reynolds numbers in the thin tubes of a rotating 
dehumidifier are generally in the range from 100 to 500, and the flow is therefore laminar. 
Using equation 3.16, the calculation of the convective surface heat transfer coefficient is 
possible. The values are within the range of 6 to 18 W/(m2K) corresponding to velocities 
of 0.5 to 4 m/s in the tubes of the dehumidifier. Some relationships between the heat 
transfer coefficient h, the Reynolds number Re, the Nusselt number Nu and the air 
velocity are shown in Figure 3.7. 
Despite the described phenomena of a higher desorption velocity versus the adsorption 
velocity, FRANZKE 1989 recommends to use the same cross-sectional area for the regen- 
eration section as for the process or adsorption section of a rotating dehumidifier. Hence 
it is necessary to reduce the velocity in the regeneration section for optimum dehumidi- 
fication. If this is not done the desorption will be completed before the wheel enters the 
adsorption section and the adsorbent will be heated unnecessarily which would lead to 
a heat retention. This reduction of the air velocity in the regeneration section leads to 
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Figure 3. a: Reynolds number depen- 
dent on velocity 
Figure 3.7b: Convective heat transfer 
coefficient dependent on Nusselt num- 
ber 
Figure 3.7c: Convective heat transfer 
coefficient dependent on velocity 
Figure 3.7: Relationships between the heat transfer coefficient h, the Reynolds number 
Re, the Nusselt number Nu and the air velocity in a dehumidifier with a hydraulic 
diameter of dh =2 mm. 
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Chapter 4 
Measurements at Desiccant Cooling 
Test Plant 
In this chapter the experimental plant installed for this work will be described and the 
measurements will be presented and discussed. The performance of the rotating dehu- 
midifier was measured in detail. 
4.1 Desiccant Cooling Test Plant with Solar Air Col- 
lectors 
The world's first test plant for an open cycle desiccant cooling system with solar air 
collectors has been installed at the Fachhochschule Stuttgart - Hochschule für Technik 
(Figures 4.1,4.2,4.3 and 4.4). The test plant is connected to an exhibition room with a 
high cooling load during the summer months. With the modular setup, a quick change 
of components is possible. By doing so, parameter studies can easily be conducted. The 
test plant was developed to make very precise measurement possible. Figure 4.1 shows a 
schematic with the measurement and control parameters. 
With regard to the choice of sensors, the measurement of temperatures and relative hu- 
midity causes no problems. However, measuring air flow in a compact plant is very 
complicated. A fully developed symmetrical flow profile is only possible in very long 
ductwork. Turbulence appears at bends and expansions of ducts which make the mea- 
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surement difficult. For this reason long ducts were used to connect the components of 
the system. Each component was connected to the ducts by special concentric adapters 
as shown in Figure 4.2. In Table 4.1 the installed components are listed. Table 4.2 shows 
the used sensors. 
While designing the test plant at the beginning of this work, three options for the control 
system were discussed: 
1. a control system operated by a microprocessor 
2. a PC control system with common interfaces 
3. a Building Management System (BMS) 
Based on the costs of the hardware, the option with the microprocessor is the most 
attractive solution. The complexity of the test plant with the control of dehumidifier, 
heat recovery, two humidifiers, two fans and several dampers, however, and the desired 
visualisation cause this solution to exceed the available memory. Another factor working 
against the microprocessor solution was that programming of a controller for a test plant 
would be very time consuming. A PC control system has the advantage of a more 
flexible programming environment, but the required application in building techniques 
with continuously writing and reading of data without any communication problems could 
only be achieved with sophisticated PC operating systems. Furthermore, all control and 
measurement cables must be connected at one point, which is only feasible in a small 
plant. Therefore, a Building Management System was chosen, which has the advantage 
of decentralised control of DDC sub-stations (direct digital control), which can carry out 
control procedures on their own. A data communication server can be used to connect 
the sub-stations and to visualise the data. 
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Table 4.1: Components of the desiccant cooling test plant with solar air collectors 
Components Specifications 
'Iunters NICC-1 0870 Si dehumidifier 
diameter 870 mm, depth 200 mm, 90 «' 
Kraftanl. Heidelb. Rototherm PT 10`x'-0950-200 ` 70 
heat recovery diameter 950 mm, depth 200 mm, 200 W 
Munters FA 4-95 090-060-C1-0-R 
2 humidifiers 
one-step control, circulating water, 80 «* 
Gebhardt REMF 18-0315-2 radial 2 fans 
continuous control, 1.5 kW 
Helios EHR-K24/50/25-30 
electric heater 
continuous control, 24 kW 
10 m air collectors black Grammer GLK3 schwarz 
10 m air collectors selective Grammer GLK3 selektiv 
20 m cpc water collectors Ritter Paradigma CPC 21 
2 stratification storage Solvis Stratos 1000 1 
Table 4.2: Sensors and monitoring equipment of the desiccant cooling test plant 
Components Specifications 
Landis & Staefa 
BMS system Landis & Staefa UNIGYR 
Landis & Staefa 
temperature d QAM 21 PTC resistance sensor Ni 1000 W 
QFM 66 PTC resistance sensor, 0-10 V, 0-50 C 
Landis & Staefa 
relative humidity rh QFM 66 capacitive humidity sensor, 0-10 V, 0-100 C 
L-Tec SVP 315 R 
air flow j 
averaging Prandtl tube, 2-25 m/s 
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14 temperature damper 
rh relative humidity j control 
V air flow 
e electrical heater (only used 
for some experiments) 
15, rh 15 15 
VV 
a 14 i4, rh 
Me 
So 
15, rh, V 6, rh, V 15, rh t4, rh 
Figure 4.1: Control and monitoring equipment of the desiccant cooling test plant 
Figure 4.2: Concentric adapters used in the test plant for precise air flow measurements 
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Figure 4.3: Sketch and photograph of the exhibition room 
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Figure 4.4: Photograph of the building with the test plant and the exhibition room 
(connection pieces for the solar air collectors jut out of the roof) 
4.2 Measurement Results 
Because of the lack of a possibility to condition the inlet air streams in the desiccant cool- 
ing plant, it was sometimes difficult to carry out parameter studies without uncontrolled 
changes in the boundary conditions. Hence large steps were chosen to run through the 
whole range of interesting regeneration temperatures. Furthermore, it was impossible to 
take measurements under extreme conditions of temperature and humidity, and therefore 
results are only available with Stuttgart's climatic conditions. 
The measurement results of the achieved dehumidification in a desiccant cooling system 
configured as a ventilation cycle are shown in Figure 4.5. The process air flow was 
constant at Vp = 2530 m3/h while the regeneration air flow was changed from VR = 
2530 m3/h down to Vp = 890 m3/h. This corresponds to a ratio of VR/VP = 1.00 down 
to VR/VP = 0.35. Maximum dehumidification was reached at a rotation speed of 15 
revolutions per hour. The measurements for the evaluation of an optimum rotation 
speed are shown in Figure 4.14. To obtain reliable results for the performance of the 
dehumidification with low regeneration air flows, it was necessary to improve the seals of 
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the dehumidifier. With the non-improved seals noticeable leakage air flows appeared due 
to the pressure difference in the different flow sections and valid measurement results were 
not achievable. The calculated dehumidification efficiencies from the dehumidification 
measurements according to equation 3.11 are shown in Figure 4.9. The results are 
VR/Vp = 0.35 
VR/Vp = 0.50 
VR/Vp = 0.75 
VR/Vp = 1.00 
77sorp = 0.62 ± 0.03 
lsorp = 0.75 ± 0.05 
77sorp = 0.82 ± 0.04 
r/sorp = 0.87 ± 0.03 
The next parameter study of the dehumidification performance of the dehumidifier used 
was for a ventilation cycle with ambient air regeneration shown in Figure 5.12. The 
measurement results are shown in Figure 4.6. The calculated dehumidification efficiencies 
from the dehumidification measurements according to equation 3.11 are shown in Figure 
4.10. 
VR/Vp = 0.35 
VR, /Vp = 0.50 
VR/VP=0.75 
VR/Vp=1.00 
rlsorp = 0.64 ± 0.02 
rlsorp = 0.77 ± 0.04 
rlsorp = 0.84 ± 0.02 
rlsorp = 0.83 ± 0.03 
In addition to the dehumidification performance which was of main interest, the perfor- 
mance of the other components of the test plant were investigated. Figures 4.14c shows 
that an increase in the rotation speed of the dehumidifier leads to a moisture recovery 
of in excess of 1.7 revs/min. Here the performance of the wheel changes and the dehu- 
midifier becomes an enthalpy exchanger. At a rotation speed greater than 5 revs/min an 
enthalpy recovery efficiency of 
r , =0.85 
was evaluated. Calculating the heat recovery efficiency from the same data, the heat 




In contrast to the measured heat recovery efficiency of the dehumidifier, the measured 
efficiency of the used heat recovery was 
T1HR=0.74. 
The humidification efficiencies of the applied humidifiers were also included in the investi- 
gations. At an air flow of V= 1850 m3/h a humidification efficiency of 0.76 was achieved 
and dropped to 
? ]hum = 0.66 
at V= 2750 m3/h, which is near the humidifier design point of V= 3000 m3/h. While 
measuring the performance of the system the COPS of the entire test plant were investi- 
gated. For the desiccant cooling cycle the courses of the measured COPs are presented 
in Figure 4.12 and for the desiccant cooling cycle with ambient air regeneration in Figure 
4.13. 
4.3 Analysis of Measurement Results 
The measurements of the rotating dehumidifier were of greatest interest and hence the 
investigations made in detail. The dehumidification achieved depends on the inlet condi- 
tions of the entering air, of the velocities in the process and the regeneration section and 
the regeneration temperature and humidity. In addition, the rotation speed influences the 
performance significantly. 15 revolutions per hour were determined as the optimum for 
dehumidification. A faster rotation speed leads to incomplete regeneration and dehumid- 
ification. Lower rotation speeds lead to a lower dehumidification because the maximum 
possible water content in the adsorbens is reached some time before entering the regener- 
ation section. In the regeneration section the water is removed before entering the process 
section resulting in an unfavorable increase in the adsorbens temperature. This effects 
a reduced adsorption in the process part; the adsorbens must first be cooled down by 
the inlet air until the adsorption process can restart. While running the dehumidifier at 
optimum rotation speed, the actual dehumidification efficiency is gsorp = 0.82 at vR/ P 
= 0.75, which is a common bypass fraction. Particularly interesting is the fact that the 
dehumidification efficiency decreases only by 20% to 7lsorp = 0.62 while the air flow is 
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reduced by 40%, which is directly coupled with the energy input for regeneration. This 
can be explained by the faster desorption velocity compared with the adsorption velocity 
and the fact that the heat and mass transfer coefficients only change with the square root 
of the air velocity (equations 3.16,3.17 and 3.20). Using the dehumidifier as an enthalpy 
exchanger with a high rotation speed yields to %=0.85 and nHR = 0.82, which are 
quite high values considering that the dehumidifier is not optimal for the purpose of an 
enthalpy exchanger. For this purpose a higher thermal capacity of the matrix is desirable. 
For a comparison of the measured dehumidifier performance with the introduced models 
for the maximum dehumidification, calculations have been undertaken, shown in Figure 
4.7 and Figure 4.8. The calculated maximum dehumidification is multiplied with the 
dehumidification efficiency identified above. All plotted curves have been calculated with 
the intersection method (see equation 3.10) and fit well. In contrast, the application of 
Pfeiffer's model, introduced in equation 3.9, leads to an overprediction of the achievable 
dehumidification of approximately 10%. 
With the rotating heat recovery optimum efficiencies of 7)HR = 0.74 were reached with 
rotation speeds in the range between 4 and 10 revolutions per minute. Lower rotation 
speeds decrease the efficiency, as the thermal mass has delivered their stored energy before 
entering the other part, and hence only a fraction of the wheel is effective. The perfor- 
mance of the humidifiers used yields lower humidification efficiencies than indicated by 
the manufacturer. Because their performance does not influence the performance of the 
whole system significantly, no further attention was paid to this operating region. 
Figure 4.11 shows the influence of the performance of the dehumidifier and the heat 
recovery to the COP of the entire desiccant cooling system. Furthermore, the dependence 
of the COP on the regeneration temperature is plotted. The COPs measured of the 
desiccant cooling cycle are shown in Figure 4.12 and for the desiccant cooling cycle with 
ambient air regeneration in Figure 4.13. The results are lower than estimated because 
the measured heat recovery efficiency with 0.74 and the outlet humidifier efficiency with 
0.66 in the test plant are too low to achieve a very good overall system performance. 
Furthermore, the COPS of the DCS ventilation cycle do not rise as expected by decreasing 
the regeneration temperature. Comparing the COP results of the DCS ventilation cycle 
with the COP results of the DCS ventilation cycle with ambient air regeneration show 
that especially at low regeneration temperatures higher COPS can be reached if ambient 
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air is used for regeneration. This can be explained with the lower ambient air humidity- 
(in Stuttgart) compared with the absolute humidity after the outlet humidifier which 
significantly influences the COP at low regeneration temperatures. 
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Figure 4.9: Calculated ? 7sorp of the measured AX 
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Chapter 5 
Modelling of Desiccant Cooling 
Systems, Solar Collectors and 
Buildings 
In the following chapter the modelling procedure for desiccant cooling systems, solar 
collectors and buildings will be described. Furthermore, the test building used will be de- 
scribed for which annual simulations were conducted. This test building and the adapted 
desiccant cooling systems with solar air collectors will be investigated for the climatic 
situations of Djakarta in Indonesia, Phoenix (Arizona) in the United States, Seville in 
Spain and Stuttgart in Germany. The target of these simulations is to obtain more infor- 
mation about the performance of desiccant cooling systems with solar air collectors which 
are connected to buildings in different climates. In particular, systems without thermal 
storage and their interaction with the dynamic thermal performance of the building will 
be investigated. 
For the task of this work the program ESIMA, which is an abbreviation of "Energy 
Simulation in Mathematica" was developed in the environment of MATHEMATICA 1996. 
ESIMA is a modular simulation tool for dynamic thermal building simulations and for 
the simulation of heating, ventilation and air conditioning systems. It was developed 
to calculate the performance of buildings and MAC plants and their interaction. The 
advantage of this tool is the ability to make quick changes in the source code which is 
important during development and to visualise results via graphical output without using 
additional programs. 
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5.1 Desiccant Cooling System 
One of the main parameters describing the performance of an entire desiccant cooling 
system is the coefficient of performance abbreviated as COP. For the calculation of the 
COP it is usual to use enthalpy differences instead of temperature differences to show the 
influence of dehumidification. The thermal COP is calculated as 
COP = 
hamb - hin (5.1) 
1- Cbypass) - 
Ohheater 
where Cbypass represents the amount of air streaming through the bypass and ., 
hheater 
the enthalpy difference caused by a heater or solar collector. To calculate the enthalpies 
required for the calculation of the COP, each condition of air along the system must be 
evaluated. These conditions can only be calculated with the knowledge of component 
performance. The detailed calculation of a rotating dehumidifier has been described in 
chapter 3. For the heat recovery and the humidifiers the calculations will be provided in 
this chapter. Solar collectors will be described in detail in the next section. 
In desiccant cooling systems a heat recovery with a high efficiency is required, as only this 
component is responsible for the decrease in enthalpy required for the desired inlet con- 
ditions. Rotating regenerators are effective in delivering high efficiencies with relatively 
small dimensions. The calculation of the heat recovery efficiency of these regenerators 
considering only sensible heat can be achieved with 
7HR = 





Equation 5.2 is only valid for balanced air flows; more precisely described balanced ca- 
pacity flows in each section of the heat recovery. The efficiency depends on the velocity 
of the air flow and on the rotation speed of the wheel. By raising the rotation speed 
the rotational capacity and the efficiency increase. For unbalanced air flows in the heat 
recovery more detailed equations must be used. 
The humidifiers in a desiccant cooling system are responsible for the cooling effect caused 
by evaporation. Hence it is necessary to employ humidification systems using liquid water 
to obtain a temperature drop during evaporation. Humidification systems using steam 
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are not appropriate for application in desiccant cooling systems. Detailed information 
on humidifiers are contained in HEINRICH and FRANZKE 1997. The calculation of the 
efficiency of a humidifier can be achieved by the following equation where X, represents 








The modelling of conditions along the entire process of desiccant cooling must be carried 
out for multiple psychrometric calculation. Therefore, in the following, the relationships 
will be described for these calculation procedures. 
GLUCK 1991 specifies calculation procedures for calculating the saturation vapour pres- 
sure in Pa for the range of 0°C to 100 °C with an error of < 0.02% with the following 
fit 
Ps, o oc -ioo oc = 
611 " exp( 7.257.10-2 " ,9-2.937.10-4 " d2 
+9.810.10-7 . 293 - 1.901.10-9 . 194) (5.4) 
For the range of 100 °C to 200 °C the saturation vapour pressure can be calculated with 
an error of < 0.03% with 
Ps, 100 0 l>c -200 0 oc = 
611 " exp( 7.142753 " 10-2 " 19 - 2.600931 " 10-4 " d2 
+6.432223- 10-7 " 193 - 7.410232 " 10-10 "294) (5.5) 
The relative humidity describes the ratio of the existing vapour pressure P to the satu- 
ration vapour pressure Ps 
rh (5.6) 
The absolute humidity 1 of humid air can be calculated with the knowledge of the gas 
constant of air RA = 287.1J/(kg " K), the gas constant of vapour Rv = 461.4J/ (kg " K) 





v Ptot P Ptot p 
(5.; 
The enthalpy of humid air h, which is a value of the energy content of humid air, is the 
sum of the enthalpy of air hA and the enthalpy of vapour h\" related to the reference 
temperature d= 0°C. 
hA = Cp"1i= 1.01"'! i 
by = hE+cP, v"19=2501+1.86"t9 




The conditions of humid air after a change of temperature and humidity can only be 
obtained by numerical solving methods using the previous equations. DEVRES 1994 
therefore provides the solving procedures. The calculation procedure shown in Figure 5.1 
for the psychrometric conditions in a desiccant cooling system of the ventilation type can 
be realised via the following: 
1. Calculation of ambient air absolute humidity using equation 5.4,5.6,5.7 and en- 
thalpy using equation 5.10 from climatic data of ambient air temperature and am- 
bient air relative humidity. 
2. Calculation of indoor air absolute humidity using equation 5.4,5.6,5.7 and enthalpy 
using equation 5.10 from data of indoor air temperature and indoor air relative 
humidity. 
3. Calculation of absolute humidity after the outlet humidifier knowing the humidi- 
fier efficiency and using equation 5.3. The humidifier outlet temperature must be 
calculated by using numerical solving methods. The enthalpy is the same as the 
indoor air enthalpy. 
4. Calculation of the regeneration temperature and calculation of the enthalpy and 
the relative humidity using numerical solving methods. The absolute humidity is 
the same as absolute humidity after the outlet humidifier. In the first run-through 
of this procedure the regeneration temperature should be estimated. 
5. The dehumidifiers outlet conditions can be calculated knowing the dehumidification 
efficiency. The absolute humidity must be calculated using equation 3.9 and 3.11, 
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the enthalpy using equation 3.10, the temperature and the relative humidity using 
numerical analysis. 
6. Calculation of the temperature after the heat recovery in the regeneration stream 
knowing the heat recovery efficiency and using equation 5.2. 
7. Repetition of the last three steps until the regeneration temperature and the dehu- 
midification does not change significantly. 
8. Calculation of the temperature after the heat recovery in the process stream and 
using equation 5.2. 
9. Calculation of absolute humidity after the inlet humidifier knowing the humidifier 
efficiency and using equation 5.3. The humidifier outlet temperature must be cal- 
culated by using numerical solving methods. The enthalpy is the same as after the 
heat recovery in the process stream. 
For the calculation of desiccant cooling systems with ambient air regeneration the results 
can be obtained after one run-through of the procedure, as there is no interaction be- 
tween regeneration temperature and dehumidification. 
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Figure 5.1: Flow chart of the calculation procedure for a DCS ventilation cycle with solar 
air collectors 
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5.2 Solar Collectors 
Solar collectors are a special kind of heat exchanger that transform solar radiant energy 
into heat. However, solar collectors differ in some respects from conventional heat ex- 
changers. In conventional heat exchangers, radiation is an unimportant factor, whereas 
the main parameter is the convective heat transfer coefficient. In solar collectors both 
phenomena are important. In the following, four collector types will be discussed, the 
flat-plate collector, the evacuated tube collector, the cpc-collector and the solar air col- 
lector. The question of which collector type is appropriate for desiccant cooling cannot 
be answered in general terms. The collector system must be chosen after consideration 
of the following aspects: 
9 What operating temperature must be reached by the collectors? 
9 What fluid must be heated up? 
" How much space is available to install a collector field? 
In most applications flat plate collectors and solar air collectors can provide the tem- 
perature levels required for desiccant cooling, hence they will be described in detail. In 
steady-state conditions the performance of a solar collector is described by an energy 
balance that indicates the distribution of incident solar energy into useful energy gain, 
thermal and radiant losses. A measure of collector performance is the collector efficiency 
17coll 
f QUdt 
'1coll -f Gdt 
(5.11) 
where QU is the useful energy gain per square metre and G the irradiation. The useful 
energy gain of a collector can be derived by 
Qu =Aco11-(T-oz -C-Uco11-(t9abs, m-9%amb)) 
(5.12) 
where . 
4,,,,, is the collector area, rr the transmission coefficient of the transparent cover, a 
the absorption coefficient of the absorber plate, Uco11 the average U-value of the collector. 
'9abs, m the mean absorber 
temperature and 19amb the ambient temperature. A detailed 
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calculation of collector losses is rather complicated, but with some simplifications an esti- 
mation of collector losses can be handled easily. An empirical equation for the calculation 














+ Tamb) ' Tabs m+ 
Tamb) 
1+ 2"n, +f-1+0.133-eabs 
- Ti Eabs+0.00591"h"hW eg 
(5.13) 
with 
f= (1+0.0089"hw-0.1166"hw "Eabs) " (1+0.07866"rß) 
C, 
520 " (1 - 0.000051 " ß2) : 00 <ß< 70° 
390.052 : 70° <ß< 90° 
100 
e=0.43 - 1- Tabs, 
m 
where n is the number of glass covers, E9 the emittance of glass, Cabs is the emittance 
of the absorber, hw the wind heat transfer coefficient and ß the collector tilt angle. 
The values of the temperatures are in K. An example for top loss coefficients with 
/3 = 450,19abs, m = 160°C, 29amb = 32°C, 
hw = 10W/m2K, cg = 0.88 and Eabs = 0.95 
of a single covered collector is Ut0P = 8.4W/m2K and of a double covered collector 
Utop = 5. OW/m2K. KLEIN 1979 describes an accuracy of this equation of +0.3W/rn2K 
for a temperature difference of '9abs, m - 19amb = 200K. The 
U-value of the collector can 
be derived with 
Uco11 
- 
Utop + Ubottom + Uedges (5.14) 
The problem with equation 5.12 is that it is difficult to evaluate or measure the mean 
absorber temperature. For this reason the useful energy gain can be expressed in terms 
of the inlet fluid temperature 19f,; n and a parameter called the collector 
heat removal 
factor FR, which can be evaluated analytically from basic principles. The equation can 
be written as 
Qu=-4coll'FR -(T"a"G-Ucoll'(19f, in-19amb)) (3.15) 
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To make a detailed analysis of FR the temperature distributions must be known. The 
absorbed solar energy must be conducted along the plate to the region of the tubes. 
Thus the temperature level between the tubes will be higher than the temperature at the 
connection points of plate and tube. The transferred energy will heat the fluid and the 
temperature will rise along the flow direction.: mathematical description of each solving 
step is provided by DUFFLE and BECKMAN 1991. In the following only intermediate steps 
of the solution will be shown. In line with the fin theory the function Ffin, which is the 
standard fin efficiency, can be described with 
tanh (" W-D1 
F fin 
A .x2J (5.16) - 11 W-D 
. A"X 2 
where A is the heat conductivity of the absorber material, x the thickness of the plate, 
W the width between the tubes and D the tube diameter. Considering all resistances in 
the plate, the collector efficiency factor F' is 
1 






where )bond is the bond thermal conductivity, -ybond the average bond thickness, bbond the 
bond width and hfi the heat transfer coefficient between the fluid and the tube wall. The 
heat transfer coefficient hfi covers a range from 100 W/m2 (laminar flow) to 1000 W/m2 
(highly turbulent flow). Increasing hfi beyond 1000 W/m2 does not significantly increase 
F. Taking the flow into consideration, the heat removal factor FR is 
F-m cp "1- exp 
Aco11 " Uco11 - F' 5.18 R Acoll 
' 
Ucoll m-c 
It is convenient to define a collector flow factor F" as the ratio of the heat removal factor 
to the collector efficiency factor. 
FFR 
F' ýý. 19) 
\Vith all this information a collector can be described. If the outlet temperature is high, 
it will be especially necessary to know the critical radiation level ITS of a collector. This 
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Hence, it is possible to evaluate the mean temperature of the absorber plate. the mean 
temperature of the fluid and the fluid outlet temperature. 
19abs, m = 
t9f, in +1- 
FR) QU (5.21) 
Acoll " FR Ucoii 




F') . Qu (5.22) 
Acoll 
" FR "Uwcoll 





rh - cp 
Solar air collectors as shown in Figure 5.2 are radiative heat exchangers which are es- 
sentially used at temperature levels below 100 °C in air heating and drying systems. The 
use of air as a heat transfer medium instead of water in solar collectors reduces the risks 
of corrosion and freezing and also helps to decrease the costs. The low density and low 
specific heat of air, however, require high volume flow rates that lead to high friction 
losses. Because of the low thermal conductivity, the temperature difference between the 
absorber and the fluid is much higher than in liquid collectors, and the thermal efficiency 
is reduced. Moreover, the ratio of additional energy required to move the fluid is much 
higher in air collectors than in liquid collectors. The design of the flow duct and heat 
transfer surface of solar air collectors should therefore be executed with the objectives of 
high heat transfer rates and low friction losses. In the literature, many different designs of 
solar air collectors are suggested. An important characteristic of the thermal behaviour is 
the flow path of the air. Two main types of design exist: Flow below the absorber plate; 
this includes a stagnant air layer between the absorber and the transparent cover; flow 
above or through the absorber in contact with the transparent cover. ALTFELD 1985 
showed that the collector efficiency of the type having a stagnant air layer and flow below 
the absorber plate seems to be most promising in solar air collector design. To increase 
the collector efficiency factor F, additional fins under the absorber plate are required. 
The heat transfer coefficient h between the air and the duct walls is much more important 
than in liquid collectors. Therefore, it is useful to make a more detailed evaluation of 




hr= ý+ 1_1 (: 5.24) 
where a=5.67.10-8W/m2K4 is the radiation constant of Stefan and Boltzmann, Tm the 
mean radiation temperature in K, E1 and E2 are the emissivity coefficients of the reverse 
of the absorber plate and the bottom duct wall. In a first approximation, the radiation 
temperature can be assumed to be the mean fluid temperature. For the calculation of 
the convective heat transfer coefficient h, it can be assumed that it does not vary. In a 
first step the Reynolds number Re must be calculated with equation 3.17 and the Nusselt 
number Nu with the following correlation from the data of KAYS and CRAWFORD 1980. 
Nu = 0.0158 " Re0.8 (5.25) 
Since the length-to-diameter-ratio l/dh is large and Re is greater than 2300, the flow 
is turbulent and fully developed. In flow situations where l/dh is 10, the average Nu is 
approximately 16% higher than the given equation. If l/dh equals 30, equation 5.25 still 
under-predicts by 5%. If l/dh equals 100, the effect of the entrance region disappears. 
The convective heat transfer coefficient he can now be derived by equation 3.16. The 
collector efficiency factor F for air collectors with the flow below the absorber plate and 












Fplate 2. W2'hfin'Ffin 
(5.26) 
(5.27) 
where Fplate is the fin efficiency of the absorber plate and Ffin the fin efficiency of the fin. 
Now it is possible to derive FR from equation 5.18, i9f, out from equation 5.23,19abs, m from 
equation 5.21 and z9f, m from equation 5.22. The calculation must be made once more in 
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a further iteration step with a new average absorber plate temperature. 
Next to the described flat-plate collectors, more sophisticated evacuated tube collectors 
are available. These collectors are long, narrow, flat absorbers which are mounted inside 
evacuated glass tubes. Convective heat losses from collectors are reduced or eliminated by 
evacuating the space between the absorber and the glass cover. As the pressure is reduced 
to a moderately low level, the convection ceases, but the heat conduction through the gas 
remains constant until the free path of the molecules has the order of the characteristic 
spacing. Most practical designs rely on evacuated tubes which provide the structural 
strength to withstand the pressure difference. The calculation of the collector parame- 
ters depends on the geometry of absorber and tube. A special type of evacuated tube 
collectors are compound parabolic concentrators, the so-called cpc-collectors, which have 
a parabolic mirror on the back of the glass tube. This collector type is appropriate for 
situations requiring a high temperature. 
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The thermal performance of a building under dynamic boundary conditions must be 
calculated numerically. CLARKE 1985 and FEIST 1994 therefore gives an overview. 
In the following description the theoretical background for the building model is given. 
Starting from the Fourier heat conduction equation 
a1i a2, d 
a 
at - ax2 
(5.28) 
where a= A/ (p " c) is the diffusivity, t the time step and x the thickness. For constructions 
with several layers and a non-infinite thickness, equation 5.28 must be solved numerically. 
A common method with a high numerical stability was suggested by Crank and Nicolson. 
Equation 5.28 was discretised with the Crank-Nicolson scheme combining explicit and 






The discretised heat conduction equation now allows the calculation of temperatures for 
each time step n from the previous time step n -1 at each location j of the construction. 
The main equation of layer 2 as a central layer surrounded by other layers for homogeneous 
materials is provided by SHIH 1984. 
1%1, n - 
2+ l" 192, n + 193, n = -191, n-1 + 2- Pl " 192, n-1 - 193, n-1 
(5.30) Cl/ 
This equation is only valid for homogeneous layers with constant thickness and diffusivity. 
For non-homogeneous layer combinations the equation must be formulated by introducing 
so-called virtual layers. The main equation of layer 2 for non-homogeneous materials is 
-r12 ' 191, n 
+ 
(T, 
+2- r21 - 1'23) 192, n -7 32 193, n 
_ (5.31) 
r12 " 191, n-1 + 
(P 







1+A1 . ßr2 
r23 
1+A3 
r32 = 1+ -' 1 1' 2 A2'AO1 a2'AX3 a3 . ßr2 
where r are adaptation parameters of the introduced virtual layers. The heat transfer 
at the boundaries of the construction can be calculated by introducing a special Biot 
number Bi* of GRIGULL and SANDNER 1979. This special Biot number considers the 




where h is the surface heat transfer coefficient. The resulting main equation of the 
boundary layer 1 for non-homogeneous materials is provided by 
+Bi* 19L, n 
+( 1+Bi* +P+3-2" x12) 191 n-2" r21 . 1%2, n 
(5.33) 
+g2. 
' 79L, n-1 + 
(1+ Bi* +P-3+2' r12) ' 1%1, n-1 -2' r21 ' 192, n-1 
If there is an incident irradiance, it must be included in the boundary conditions. The 
matrix formulation of the problem can be written as 
- 
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n + 19ext, n-1) 
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(Is, 





= [B] [dn-1] 
+ [BC] 
[tn] = [D] [? 9n-1] + [A]-1 [BC] 
CD) _ [A]-' - [B] (5.34) 
where [A] and [B] are the coefficient matrices and [BC] the boundary conditions. For 
some cases analytical solutions of equation 5.28 are available. The numerical model 
can be validated by means of these analytical solutions only for special cases. The time 
dependence of heat conduction in a semi-infinite homogeneous material without a surface 
heat transfer coefficient can be identified with 




For layered constructions with a limited thickness the steady-state solutions are a pos- 
sible way of checking. The programmed Crank-Nicolson scheme was tested in the way 
described. At the beginning of the check for the steady-state solution a constant temper- 
ature over the entire thickness of a construction was assumed. Afterwards the boundary 
conditions were set by using varying temperatures and surface heat transfer coefficients. 
The steady-state solution for the temperature distribution in the construction must be 
reached eventually. This check reproduced exactly the analytical solution. 
For solar driven desiccant cooling systems, large collector areas are required. In this 
application it can be useful to design collector facades or collector roofs. Therefore, it is 
necessary to combine the algorithms for solar collectors and for dynamic heat transfer. In 
the special case of ventilated photovoltaic facades it is, moreover, necessary to eliminate 
the electric power from the heat balance. This can easily be done by substracting the 
power in the corresponding line of the boundary conditions BC in the equation 5.34. A 
more detailed description of solar facades is given by EICKER ET AL. 1998 B. 
The International Energy Agency IEA initiated via Task 12 (solar heating and cooling 
programme) of Annex 21 (energy conservation in buildings and community systems) the 
BESTEST project (JUDKOFF and NEYMARK 1995) for the validation of detailed ther- 
mal simulation software. A method was developed for systematically testing this software 
and diagnosing the sources of predictive disagreement. The methodology consists of a 
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combination of empirical validation, analytical verification and comparative analysis tech- 
niques. The programs tested during the BESTEST project were BLAST, DOE2, ESP. 
SERIRES, S3PAS, TASE and TRNSYS. For this work the developed simulation software 
ESIMA was also tested using this prescribed procedure. The results for ESIMA are shown 
in Figure 5.6. 
To simulate a building's performance it is necessary to have precise data for the inci- 
dence angle- dependent transmission and absorption of glazing. Therefore, the data of 
PFROMMER 1995 listed in the Tables 5.1,5.2,5.3 were used in this study. 
J. W J. W 
8. W 
Figure 5.5: BESTEST building (JUDKOFF and NEYMARK 1995) 
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2M '2 M 
Table 5.1: Incidence-angle dependent transmission and absorption of clear single glazing 
angle 0 10 20 30 40 50 ý 60 ýý 70 80 90 diffuse 
T 0.764 0.763 0.761 0.755 0.744 0.722 0.675 0.571 0.343 0 0.673 
cx 0.166 0.167 0.170 0.174 0.180 0.186 0.192 0.192 0.174 0 0.180 
Table 5.2: Incidence-angle dependent transmission and absorption of clear double glazing 
angle 0 10 20 30 40 50 60 70 80 90 diffuse 
T 0.601 0.600 0.595 0.588 0.575 0.550 0.498 0.383 0.174 0 0.502 
a 0.288 0.289 0.294 0.300 0.308 0.317 0.322 0.316 0.273 0 0.304 
Table 5.3: Incidence-angle dependent transmission and absorption of low-E double glazing 
angle 0 10 20 30 40 50 60 70 80 90 diffuse 
T 0.504 0.503 0.501 0.495 0.484 0.462 0.417 0.318 0.143 0 0.421 
a 0.310 0.311 0.315 0.321 0.329 0.337 0.341 0.332 0.283 0 0.323 
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Table 5.4: BESTEST cases used for validity checks of ESBIA and for simulations 
BESTEST cases description 
lightweight construction, south oriented window 
Case 600 internal load 200 W, air change per hour 0.5 
heating setpoint 20'C, cooling setpoint 270C 
Case 640 Case 600, setback 10 °C 
heavyweight construction, south oriented opaque window 
Case 800 internal load 200 W, air change per hour 0.5 
heating setpoint 20'C, cooling setpoint 27 °C 
Case 900 Case 800, south oriented window 
Case 940 Case 900, setback 10 °C 
Table 5.5: BESTEST constructions used for validity checks of ESIMA and for simulations 
BESTEST constructions Case 800 and 9xx Case 6xx 
100 mm concrete 12 mm plaster board 
walls 61.5 mm insulation 040 66 mm insulation 040 
9 mm wood 9 mm wood 
16 mm plaster board 16 mm plaster board 
roof 118.5 mm insulation 040 118.5 mm insulation 040 
19 mm wood 19 mm wood 
80 mm concrete 25 mm wood 
floor 
1007 mm insulation 040 1003 mm insulation 040 
double glazing double glazing 

















results of other tested 
programs are in this range 
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Figure 5.6: Results of ESIMA compared with BESTEST results 
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5.4 Simulation Basic Model 
A simulation model was made in ESIMA with a building simular to BESTEST case 
940, representing a heavyweight building, and for further studies according to BESTEST 
case 640 representing a lightweight building. This simple "shoe-box-building" shown in 
Figure 5.5 with a floor area of 48 m2 was assumed to be occupied with 5 persons, each 
emitting 100 W of sensible heat and 30 g/h of moisture. Furthermore, an internal cooling 
load of 20 W/m2 was assumed during the time of occupancy between 8 am to 6 pm. For 
all cases an air change per hour of 0.2 was estimated to consider leakages of the building. 
To limit the external loads of the building, a shading of the windows was considered which 
allows a maximum of 100 W/m2 for transmitted irradiance. The indoor air temperatures 
were set to a minimum of 20 °C during occupancy time and were set back to 15 °C outside 
the occupancy time. The maximum permissible indoor air temperatures vary according 
to DIN 1946 depending on the ambient air temperature. 
A desiccant cooling system programmed with the algorithm of the previous chapters 
was connected to this building. The constant parameters of this system were a heat 
recovery efficiency of 0.85 and a humidifier efficiency of 0.90. In one case study the bypass 
fraction changes from VR/VP = 0.35 to VR/VP = 0.75 and, hence, the dehumidification 
efficiency from 77sorp = 0.62 to 7]sorp = 0.82 according to the measurement results presented 
previously. The system used in the simulations can operate in the modes listed in Table 
5.7 depending on the indoor air conditions. Only in one case was the control by the room 
conditions disabled and the inlet temperature was used for control. 
1. Mode 1: Heat recovery mode HR. Used for ventilation with heat recovery. 
2. Mode 2: Ventilation mode V. Used only for ventilation without switching on any 
component of the system. 
3. Mode 3: Adiabatic cooling mode AC. Used for cooling if dehumidification is not 
necessary or inlet temperatures are low enough, switching on the outlet humidifier 
and the heat recovery wheel. 
4. Mode 4: Desiccant cooling mode DCS. Classic operating mode, switching on all 
components of the entire system. 
5. Mode 5: Desiccant cooling mode DCS*. Used if indoor relative humidity exceeds 
0.6. Classic operating mode, switching on all components except the inlet humidi- 
fier. 
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The heat supply of the desiccant cooling system is achieved only by using solar air collec- 
tors. For the simulations a maximum air velocity of 4 m/s in the collectors, a collector 
length of 15 m and a gap height of 95 mm are assumed. In a further study half of this 
collector area is used. According to the collectors of the test plant, in the simulations 
the first half of the collector area in the flow direction is black coated and the second 
half is selectively coated. The U-value of the collector is assumed to be constant. The 
use of solar air collectors means that no significant energy storage is available either in 
the desiccant cooling system or in the solar system. Thermal inertia is only provided by 
the mass of the building. The solar air collectors and their performance were evaluated 
according the equations on page 86 to page 90. All collectors were oriented facing the 
equator and were tilted at an angle equal to the latitude of their location to collect most 
of the beam radiation. 
This test building and the adapted desiccant cooling systems with solar air collectors has 
been simulated for the climatic situations of Djakarta in Indonesia, Phoenix (Arizona) in 
the United States, Seville in Spain and Stuttgart in Germany. The climatic data sets for 
each location were produced with the program METEONORM 4.0 1999. A description 
of these different climates is provided in Table 5.6. All climates used are shown in 
psychrometric charts in the Figures 5.7 to 5.10 where each dot represents the climatic 
condition of one hour in the year. 







climate zone description 
by TROLL and PAFFEN 1980 
Djakarta -6.11 -106.44 5 tropical rain 
Phoenix 33.26 112.01 347 desert and semi-arid, winters with frost 
Seville 37.22 5.58 10 mediterrean, humid winters, dry summers 
Stuttgart 48.50 -9.12 318 submaritime 
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5.5 Simulation Case Studies 
In the following, all simulation case studies conducted for the four different climates are be 
described. The quantitative results are listed in the Tables 5.8 to 5.16. In the Figures in 
the appendix, the results are presented graphically for the entire year and for a three-day 
period with a high cooling load. 
1. Desiccant cooling ventilation cycle (Figure 5.11) with V= 150 m3/h during occu- 
pation time. Adapted to a heavyweight building according to BESTEST case 940. 
The simulation results are presented in Table 5.8. 
2. Desiccant cooling ventilation cycle (Figure 5.11) with V= 150 m3/h during occu- 
pation time and enforced night ventilation with V= 518 m3/h corresponding to 4 
air changes per hour. Night ventilation through desiccant cooling system to enable 
cooling by humidifiers if appropriate. Adapted to a heavyweight building according 
to BESTEST case 940. The simulation results are presented in Table 5.9. 
3. Desiccant cooling ventilation cycle (Figure 5.11) with V= 150 m3/h or V= 
518 m3/h if additional cooling is required during occupation time and night ventila- 
tion with V= 518 m3/h corresponding to 4 air changes per hour. Night ventilation 
through desiccant cooling system to enable cooling by humidifiers if appropriate. 
Adapted to a heavyweight building according to BESTEST case 940. The simula- 
tion results are presented in Table 5.10. 
4. Desiccant cooling ventilation cycle (Figure 5.11) with V= 150 m3/h during occu- 
pation time. Adapted to a heavyweight building according to BESTEST case 940. 
Half of the collector area is used compared to case I. The simulation results are 
presented in Table 5.11. 
5. Desiccant cooling ventilation cycle (Figure 5.11) with V= 150 m3/h during occu- 
pation time. Adapted to a lightweight building according to BESTEST case 640. 
The simulation results are presented in Table 5.12. 
6. Desiccant cooling ventilation cycle with ambient air regeneration (Figure 5.12) and 
V= 150 m3/h during occupation time. Adapted to a heavyweight building accord- 
ing to BESTEST case 940. The simulation results are presented in Table 5.13. 
7. Desiccant cooling ventilation cycle (Figure 5.11) with V= 150 m3/h during oc- 
cupation time. Adapted to a heavyweight building according to BESTEST case 
940. Not controlled by the room temperature and the indoor relative humidity. 
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Controlled to reach an inlet temperature close to 17 °C . 
The simulation results 
are presented in Table 5.14. 
8. Desiccant cooling ventilation cycle (Figure 5.11) with ti" = 150 m3/h or I'- _ 
518 m3/h if additional cooling is required during occupation time and night venti- 
lation with V= 518 m3/h corresponding to 4 air changes per hour. Night ventila- 
tion through desiccant cooling system to enable cooling by humidifiers if appropri- 
ate. VR/Vp variable between 0.35 and 0.75 dependent on regeneration temperature. 
Adapted to a heavyweight building according to BESTEST case 940. The simula- 
tion results are presented in Table 5.15. 
9. Double stage desiccant cooling ventilation cycle (Figure 5.13) with %= 150 m3/h 
during occupation time. Same collector area as in case 1, divided in half for both 
dehumidifiers. Adapted to a heavyweight building according to BESTEST case 
940. Simulations only for Djakarta's climate. The simulation results are presented 
in Table 5.16. 
10. Double stage desiccant cooling ventilation cycle (Figure 5.13) with V= 150 m3/h 
or V= 518 m3/h if additional cooling is required during occupation time and night 
ventilation with V= 518 m3/h corresponding to 4 air changes per hour. Collector 
area divided in half for both dehumidifiers. Adapted to a heavyweight building 
according to BESTEST case 940. Simulations only for Djakarta's climate. The 
simulation results are presented in Table 5.16. 
Table 5.7: Control of the desiccant cooling system in the simulations using room condi- 
tions 












HR < 22 0.00 < rhi < 1.00 0.00 0.85 0.00 0.00 
V 22 < 19i < 23 0.00 < rhi < 1.00 0.00 0.00 0.00 0.00 
AC 23 < 79i < 24 0.00 < rhi < 1.00 0.00 0.85 0.00 0.90 
DCS > 24 0.00 < rhi < 0.60 0.62 < 1lsorp 0.86 0.85 0.90 0.90 
DCS* > 24 0.60 < rhi < 1.00 0.62 < 77sorp <_ 0.86 0.85 0.00 0.90 
l Varying dehumidification efficiencies in case study 8 with bypass control: If the regeneration tem- 
perature drops under 50°C by using VR/j p=0.75, the bypass fraction is increased to 0.50 and if the 
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Figure 5.7: Psychrometric chart of Seville's climate 
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Figure 5.9: Psychrometric chart of Phoenix' climate 
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Figure 5.11: Desiccant cooling ventilation cycle used for the simulations 
Figure 5.12: Desiccant cooling cycle (ambient air regeneration) used for the simulations 
Figure 5.13: Double stage ventilation cycle used for the simulations 
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Table 5.8: Simulation results of case study 1 (heavyweight building, hygienic ventilation 
during occupation time). Detailed description on page 102. Discussion of the simulation 
results on page 117. 
BESTTEST COP' add. cooling DCS cooling rhi > 0.6 control mode 2 
Case 940 DCS demand energy during year during operation 
[-] [kWh/m2a] [kWh/m2 a] 
HR 0.00 
V 0.00 















Stuttgart 0.52 26.9 37.2 0.01 AC 0.06 
DCS 0.44 
DCS* >0.00 
'averaged COP of the DCS-mode and the DCS*-mode 
2see Table 5.7 
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Table 5.9: Simulation results of case study 2 (heavyweight building, hygienic ventilation 
during occupation time, enhanced night ventilation with 4 air changes per hour). Detailed 
description on page 102. Discussion of the simulation results on page 118. 
BESTTEST COP' add. cooling DCS cooling rhi > 0.6 control mode 2 
Case 940 DCS demand energy during year during operation 
[-] [kWh/m2 a] [kWh/m2a] 
HR 0.00 
V 0.00 















Stuttgart 0.53 23.6 41.7 0.01 AC 0.08 
DCS 0.39 
DCS* 0.02 
'averaged COP of the DCS-mode and the DCS*-mode 
2see Table 5.7 
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Table 5.10: Simulation results of case study 3 (heavyweight building, ventilation with 
maximum 4 air changes per hour, night ventilation). Detailed description on page 102. 
Discussion of the simulation results on page 119. 
BESTTEST COP1 add. cooling DCS cooling rh; > 0.6 control mode 2 
Case 940 DCS demand energy during year during operation 
[-] [kWh/M2 a] [kWh/m2a] 
HR 0.00 
V 0.00 















Stuttgart 0.57 6.9 58.0 0.02 AC 0.09 
DCS 0.36 
DCS* 0.02 
'averaged COP of the DCS-mode and the DCS*-mode 
2see Table 5.7 
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Table 5.11: Simulation results of case study 4 (heavyweight building, hygienic ventilation 
during occupation time, half collector area as in case study 1). Detailed description on 
page 102. Discussion of the simulation results on page 120. 
BESTTEST COP' add. cooling DCS cooling rh; > 0.6 control mode 2 
Case 940 DCS demand energy during year during operation 
[-] [kWh/m2 a] [kWh/m2 a] [-] [-] 
HR 0.00 
V 0.00 















Stuttgart 0.59 27.3 37.1 0.01 AC 0.09 
DCS 0.39 
DCS* 0.02 
'averaged COP of the DCS-mode and the DCS*-mode 
2see Table 5.7 
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Table 5.12: Simulation results of case study 5 (lightweight building, hygienic ventilation 
during occupation time). Detailed description on page 102. Discussion of the simulation 
results on page 122. 
BESTTEST COP' add. cooling DCS cooling rh; > 0.6 control mode 2 
Case 640 DCS demand energy during year during operation 
[-] [kWh/m2 a] [kWh/rn2a] [-] [-] 
HR 0.00 
V 0.00 















Stuttgart 0.48 45.0 44.4 0.06 AC 0.05 
DCS 0.55 
DCS* >0.00 
'averaged COP of the DCS-mode and the DCS*-mode 
2 see Table 5.7 
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Table 5.13: Simulation results of case study 6 (heavyweight building, hygienic ventilation 
during occupation time, DCS with ambient air regeneration). Detailed description on 
page 102. Discussion of the simulation results on page 123. 
BESTTEST COP' add. cooling DCS cooling rhi > 0.6 control mode 2 
Case 940 DCS demand energy during year during operation 
[-] [kWh/m2 a] [kWh/rn2a] 
HR 0.00 
V 0.00 















Stuttgart 1.29 27.4 36.7 0.01 AC 0.07 
DCS 0.43 
DCS* >0.00 
'averaged COP of the DCS-mode and the DCS*-mode 
2see Table 5.7 
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Table 5.14: Simulation results of case study 7 (heavyweight building, hygienic ventilation 
during occupation time, controlled to reach an inlet temperature close to 17°C ). Detailed 
description on page 102. Discussion of the simulation results on page 124. 
BESTTEST COP1 add. cooling DCS cooling rh; > 0.6 control mode 2 
Case 940 DCS demand energy during year during operation 
[-] [kWh/m2a] [kWh/m2 a] [-] [-] 
HR 0.00 
V 0.02 















Stuttgart 0.92 37.4 26.7 0.02 AC 0.52 
DCS 0.07 
DCS* - 
'averaged COP of the DCS-mode and the DCS*-mode 
2see Table 5.7 
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Table 5.15: Simulation results of case study 8 (heavyweight building, ventilation with 
maximum 4 air changes per hour, night ventilation, regeneration air flow controlled). 
Detailed description on page 103. Discussion of the simulation results on page 125. 
BESTTEST COP' add. cooling DCS cooling rh; > 0.6 control mode 2 
Case 940 DCS demand energy during year during operation 
[-] [kWh/m2a] [kWh/m2a] [-] [-] 
HR 0.00 
V 0.00 















Stuttgart 1.01 5.8 53.0 0.01 AC 0.15 
DCS 0.35 
DCS* 0.01 
1 averaged COP of the DCS-mode and the DCS*-mode 
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Figure 5.14: Double stage desiccant cooling ventilation cycle with solar air collectors for 
deep dehumidification 
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Table 5.16: Simulation results of case study 9 and 10 (double stage desiccant cooling 













rh; > 0.6 
during year 




Djakarta 2.32 195.9 15.1 0.83 AC 0.00 




Djakarta 2.65 153.3 62.2 0.73 AC 0.00 
Vmax = 518 m3/h DCS 0.27 
DCS* 0.73 
'averaged COP of the DCS-mode and the DCS*-mode 
2see Table 5.7 
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5. 6 Discussion of Simulation Results 
In the following results of the simulation case studies conducted for the four different 
climates are discussed. The results were listed in the Tables 5.8 to 5.16. 
1. This desiccant cooling ventilation cycle was designed with the minimum hygienic 
fresh air demand of V= 150m3/h during occupation time. This cycle was adapted 
to a heavyweight building according to BESTEST case 940. The simulation results 
were listed in Table 5.8. 
In Djakarta the desiccant cooling system powered only by solar energy is only ca- 
pable of providing 3% of the annual cooling demand. The cause of this low value is 
the very high absolute humidity of the tropical climate. The rotating dehumidifier 
cannot remove enough water from the process air to keep the desiccant cooling sys- 
tem running in its initially desired mode. Because of the requirements of thermal 
comfort with a maximum wanted indoor relative humidity of 0.6 the inlet humidifier 
must be disabled for 74% of the operating hours. This results in an inlet tempera- 
ture close to the indoor temperature in these cases. The relative humidity exceeded 
0.6 for 83% of the year. However, the mean COP during the DCS-modes of 2.26 
shows good system performance. 
In Phoenix the system is capable of providing 32% of the annual cooling demand. 
It runs in its initially desired mode for 88% of operating hours. For 7% of the oper- 
ating hours the rotating dehumidifier cannot remove enough water from the process 
resulting in a disabling of the inlet humidifier. The relative humidity exceeded 0.6 
for 5% of the year. A mean COP during the DCS-modes of 0.67 was calculated. 
In Seville the system is capable of providing 36% of the annual cooling demand. 
It runs in its initially desired mode for 75% of the operating hours. For 11% of 
the operating hours the rotating dehumidifier cannot remove enough water from 
the process resulting in a disabling of the inlet humidifier. The relative humidity 
exceeded 0.6 for 8% of the year. A mean COP during the DCS-modes of 0.72 was 
calculated. 
In Stuttgart the system is capable of providing 58% of the annual cooling demand. 
It runs in the DCS-mode for 44% of the operating hours. If cooling is required 
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the rotating dehumidifier is able to remove enough water from the proce in the 
occupation time resulting in a good performance of the inlet humidifier. A mean 
COP during the DCS-modes of 0.52 was calculated. 
In all cases the system designed just for the minimum hygienic fresh air demand of 
30 m3/(h"person) is too small to ensure thermal comfort requirements. In Stuttgart 
the system is able to remove all latent cooling loads, only additional sensible cool- 
ing must be provided. In Phoenix and Seville the dehumidification potential of 
a rotating dehumidifier is not enough for several hours in summer. This system 
applied in Djakarta does not accomplish the requirements of air conditioning at 
all, because of the low dehumidification potential. On the other hand, the COP 
reached in Stuttgart is the lowest and the COP reached in Djakarta is the highest. 
It can be shown that the COP reached by the desiccant cooling system increases 
with the ambient absolute humidity. 
2. This desiccant cooling ventilation cycle was designed with the minimum hygienic 
fresh air demand of V= 150m3/h during occupation time and enforced night ven- 
tilation with V= 518m3/h corresponding to 4 air changes per hour. The night 
ventilation is used through the desiccant cooling system to enable cooling by hu- 
midifiers if appropriate. This cycle was adapted to a heavyweight building according 
to BESTEST case 940. The simulation results were presented in Table 5.9. 
In Djakarta the desiccant cooling system powered only by solar energy is never 
capable to remove sensible cooling loads. Night ventilation leads to an increase in 
the indoor humidity resulting in less running hours with the typical DCS-mode 
compared to the previous case without night ventilation. The inlet humidifier must 
be enabled for 76% of the operating hours. The relative humidity exceeded 0.6 for 
84% of the year. However, the mean COP during the DCS-modes of 2.18 shows 
good system performance. 
In Phoenix the system is capable of providing 38% of the annual cooling demand. 
This value is 6% higher than without night ventilation. It runs in its initially de- 
sired mode for 79% of the operating hours, for 10% in the ventilation mode. For 6% 
of the operating hours the rotating dehumidifier cannot remove enough water from 
the process resulting in a disabling of the inlet humidifier. The relative humidity 
exceeded 0.6 for 6% of the year. A mean COP during the DCS-modes of 0.60 was 
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calculated. 
In Seville the system is capable of providing 43% of the annual cooling demand. 
This value is 7% higher than without night ventilation. It runs in its initially desired 
mode for 66% of the operating hours, for 11% in the ventilation mode. For 10% 
of the operating hours the rotating dehumidifier cannot remove enough water from 
the process resulting in a disabling of the inlet humidifier. The relative humidity 
exceeded 0.6 for 9% of the year. A mean COP during the DCS-modes of 0.73 was 
calculated. 
In Stuttgart the system is capable of providing 64% of the annual cooling demand. 
This value is 6% higher than without night ventilation. It runs in the DCS-mode 
for 39% of the operating hours, for 16% in the ventilation mode. For 2% of the 
operating hours the rotating dehumidifier cannot remove enough water from the 
process resulting in a disabling of the inlet humidifier. A mean COP during the 
DCS-modes of 0.53 was calculated. 
In all cases the system designed just for the minimum hygienic fresh air demand 
of 30 m3/(h " person) is too small for thermal comfort requirements. However, 
the cooling demand was decreased by 6% to 7% by the use of night ventilation in 
Phoenix, Seville and Stuttgart. In Djakarta where the diurnal temperature swing 
is very low, the night ventilation does not have any energetic advantage. 
3. This desiccant cooling ventilation cycle was designed with V= 150m3/h or V= 
518m3/h if additional cooling is required during occupation time. Furthermore, 
night ventilation with V= 518m3/h corresponding to 4 air changes per hour was 
enabled. The night ventilation is used through desiccant cooling system to enable 
cooling by humidifiers if appropriate. This cycle was adapted to a heavyweight 
building according to BESTEST case 940. The simulation results were presented 
in Table 5.10. 
In Djakarta the desiccant cooling system powered only by solar energy is only ca- 
pable of providing 1% of the annual cooling demand. The inlet humidifier must be 
enabled for 88% of the operating hours. Compared to case 1 these value show that 
the desiccant cooling system does not decrease the cooling demand, it increases due 
to the insufficient dehumidification. The relative humidity exceeded 0.6 for 88`I 
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of the year. However, the mean COP during the DCS-modes of 4.04 sho«-. good 
system performance. 
In Phoenix the system is capable of providing 75% of the annual cooling demand. 
It runs in its initially desired mode for 70% of the operating hours, for 9V in the 
ventilation mode. For 13% of the operating hours the rotating dehumidifier cannot 
remove enough water from the process resulting in a disabling of the inlet humidi- 
fier. This is 7% more than in the case with only hygienic ventilation. The relative 
humidity exceeded 0.6 for 11% of the year. A mean COP during the DCS-modes 
of 1.02 was calculated. This value which is significantly higher than in the previous 
case studies caused by lower regeneration temperatures due to the same collector 
area used. 
In Seville the system is capable of providing 78% of the annual cooling demand. 
It runs in its initially desired mode for 58% of the operating hours, for 11% in 
the ventilation mode. For 20% of the operating hours the rotating dehumidifier 
cannot remove enough water from the process resulting in a disabling of the inlet 
humidifier. Referring to the whole year this is 10% more than in the case with 
only hygienic ventilation. The relative humidity exceeded 0.6 for 16% of the year. 
A mean COP during the DCS-modes of 1.12 was calculated. This value which is 
significantly higher than in the previous case studies caused by lower regeneration 
temperatures due to the same collector area used. 
In Stuttgart the system is capable of providing 89% of the annual cooling demand. 
It runs in the DCS-mode for 36% of the operating hours, for 16% in the venti- 
lation mode. For 2% of the operating hours and of the entire year the rotating 
dehumidifier cannot remove enough water from the process resulting in a disabling 
of the inlet humidifier. A mean COP during the DCS-modes of 0.57 was calculated. 
It is interesting that an increase of the air flow causes increased disabling of the 
inlet humidifiers, for all climates except of Stuttgart. With reference to the values 
with only hygienic ventilation, it is a doubling in time. In the case of Djakarta the 
higher value in the DCS*-mode compared to the previous simulations shows the 
insufficient dehumidification of the system once more. 
4. This desiccant cooling ventilation cycle was designed with the minimum hygienic 
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fresh air demand of ti' = 150rn3/h during occupation time. This cycle was adapted 
to a heavyweight building according to BESTEST case 940. Compared to case 1 
only half of the collector area is used. The simulation results were listed in Table 
5.11. 
In Djakarta the desiccant cooling system is only capable of providing 3% of the 
annual cooling demand. Because of the requirements of thermal comfort with a 
maximum desired indoor relative humidity of 0.6 the inlet humidifier must be dis- 
abled for 92% of the operating hours. This results in an inlet temperature close to 
the indoor temperature in these cases. The relative humidity exceeded 0.6 for 92% 
of the year. However, the mean COP during the DCS-modes of 3.43 shows good 
system performance. 
In Phoenix the system is capable of providing 34% of the annual cooling demand. 
It runs in its initially desired mode for 78% of operating hours. For 10% of the 
operating hours the rotating dehumidifier cannot remove enough water from the 
process resulting in a disabling of the inlet humidifier. The relative humidity ex- 
ceeded 0.6 for 8% of the year. A mean COP during the DCS-modes of 0.96 was 
calculated. 
In Seville the system is capable of providing 37% of the annual cooling demand. 
It runs in its initially desired mode for 62% of the operating hours. For 17% of 
the operating hours the rotating dehumidifier cannot remove enough water from 
the process resulting in a disabling of the inlet humidifier. The relative humidity 
exceeded 0.13 for 83% of the year. A mean COP during the DCS-modes of 1.01 
was calculated. 
In Stuttgart the system is capable of providing 58% of the annual cooling demand. 
It runs in the DCS-mode for 39% of the operating hours. For 2% of the operating 
hours the rotating dehumidifier cannot remove enough water from the process re- 
sulting in a disabling of the inlet humidifier. A mean COP during the DCS-modes 
of 0.59 was calculated. 
Compared to the simulations of case 1 with double the collector area it can be 
shown that nearly the same cooling loads can be removed. However, the indoor 
relative humidity more often reaches the critical value of 0.6 resulting in a disabling 
of the inlet humidifier. All calculated mean COPS are significantly higher compared 
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to case 1 which can be explained with the reduced amount of solar energy used for 
regeneration. 
5. This desiccant cooling ventilation cycle was designed with the minimum hygienic 
fresh air demand of V= 150m3/h during occupation time. This cycle was adapted 
to a lightweight building according to BESTEST case 640. The simulation results 
were presented in Table 5.12. 
In Djakarta the desiccant cooling system powered only by solar energy is only ca- 
pable of providing 2% of the annual cooling demand. The rotating dehumidifier 
cannot remove enough water from the process air to keep the desiccant cooling sys- 
tem running in its initially desired mode. The inlet humidifier must be disabled for 
74% of the operating hours. The relative humidity exceeded 0.6 for 83% of the year. 
The mean COP during the DCS-modes of 2.25 shows good system performance. All 
simulated values are close to those of the simulations with the heavyweight building. 
In Phoenix the system is capable of providing 28% of the annual cooling demand. 
It runs in its initially desired mode for 88% of the operating hours. For 8% of 
the operating hours the rotating dehumidifier cannot remove enough water from 
the process resulting in a disabling of the inlet humidifier. The relative humidity 
exceeded 0.6 for 5% of the year. A mean COP during the DCS-modes of 0.67 
was calculated. The annual cooling demand has increased by 11% compared to the 
heavyweight building simulation. 
In Seville the system is capable of providing 30% of the annual cooling demand. 
It runs in its initially desired mode for 77% of the operating hours. For 8% of 
the operating hours the rotating dehumidifier cannot remove enough water from 
the process resulting in a disabling of the inlet humidifier. The relative humidity 
exceeded 0.6 for 13% of the year. A mean COP during the DCS-modes of 0.71 
was calculated. The annual cooling demand has increased by 15% compared to the 
heavyweight building simulation. 
In Stuttgart the system is capable of providing 50% of the annual cooling demand. 
It runs in the DCS-mode for 55% of the operating hours. If cooling is required 
the rotating dehumidifier is able to remove enough water from the process at all 
times resulting in a good performance of the inlet humidifier. The relative humid- 
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ity exceeded 0.6 for 6% of the year. A mean COP during the DCS-modes of 0.4S 
was calculated. The annual cooling demand has increased by 39V compared to the 
heavyweight building simulation. 
In all cases the system designed just for the minimum hygienic fresh air demand 
of 30 m3/(h " person) is too small for thermal comfort requirements. A lightweight 
construction has no influence on the energetic demand and the performance of the 
desiccant cooling system in Djakarta. In spite of the fact that in Phoenix and 
Seville the cooling demand increases, the accumulated cooling energy of the desic- 
cant cooling system decreases by 4% to 6%. The greatest influence of the lightweight 
construction occur in Stuttgart, where the annual cooling demand increases by 39%. 
Furthermore, the desiccant cooling system was able to remove 19% more cooling 
load from the building than in the heavyweight case. 
6. This desiccant cooling ventilation cycle with ambient air regeneration was designed 
with the minimum hygienic fresh air demand of V= 150m3/h during occupation 
time. This cycle was adapted to a heavyweight building according to BESTEST 
case 940. The simulation results were presented in Table 5.13. 
In Djakarta the application of a desiccant cooling cycle with ambient air regenera- 
tion leads to the requirements that for 94% of the operating time the inlet humidifier 
must be disabled. The relative humidity exceeded 0.6 for 96% of the year. 
In Phoenix the system is capable of providing 33% of the annual cooling demand. 
It runs in its initially desired mode for 91% of the operating hours. For 4% of 
the operating hours the rotating dehumidifier cannot remove enough water from 
the process resulting in a disabling of the inlet humidifier. This is half of the time 
compared with the common ventilation cycle. The relative humidity exceeded 0.6 
for 3% of the year. The cooling energy provided by the desiccant cooling system 
increases by 4%. 
In Seville the system is capable of providing 35% of the annual cooling demand. 
It runs in its initially desired mode for 78% of the operating hours. For 8% of the 
operating hours the rotating dehumidifier cannot remove enough water from the 
process resulting in a disabling of the inlet humidifier. The relative humidity ex- 
ceeded 0.6 for 7% of the year. The cooling energy provided by the desiccant cooling 
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system drops by 5%. 
In Stuttgart the system is capable of providing 57% of the annual cooling demand. 
It runs in its initially desired mode for 43% of the operating hours. If cooling is 
required the rotating dehumidifier is able to remove enough water from the process 
at every time resulting in a good performance of the inlet humidifier. The cooling 
energy provided by the desiccant cooling system drops by 1%. 
Interesting in this case study is that the cooling energy provided by the desiccant 
cooling system drops in Stuttgart and in Seville. On the other hand, the cooling 
energy provided increases by 4% in Phoenix. The main outcome of this study is, 
however, that the inlet humidifier must not be disabled as often as with the conven- 
tional ventilation cycle in these climates. An exception is the climate of Djakarta, 
where the absolute humidity after the outlet humidifier is lower than the ambient- 
air absolute humidity resulting in a higher percentage of the DCS*-mode. Except 
of Djakarta, the mean COP calculated is greater than in the other studies, because 
the lower absolute humidity of the regeneration air leads to a significant higher 
dehumidification at low regeneration temperatures. 
7. This desiccant cooling ventilation cycle was designed with the minimum hygienic 
fresh air demand of V= 150m3/h during occupation time. This cycle was adapted 
to a heavyweight building according to BESTEST case 940. Compared to case 1 
another control strategy is used. The room temperature and the indoor relative hu- 
midity are not considered. The system is controlled to reach an inlet temperature 
close to 17'C. The simulation results were listed in Table 5.14. 
Neglecting the humidity limits of the thermal comfort requirements, the desic- 
cant cooling system is capable of providing 12% of the annual cooling demand in 
Djakarta. Nonetheless, the relative humidity exceeded 0.6 for 93% of the year. The 
mean COP during the DCS-modes of 2.46 shows good system performance. 
In Phoenix the system is capable of providing 26% of the annual cooling demand. It 
runs in the DCS-mode for 36% of operating hours, for 52% in the adiabatic cooling 
mode. Nonetheless, the relative humidity exceeded 0.6 for 10% of the year.. mean 
COP during the DCS-modes of 1.42 was calculated. 
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In Seville the system is capable of providing 29% of the annual cooling demand. It 
runs in the DCS-mode for 38% of operating hours, for 553V in the adiabatic cooling 
mode. Nonetheless, the relative humidity exceeded 0.6 for 18% of the year. A mean 
COP during the DCS-modes of 1.49 was calculated. 
In Stuttgart the system is capable of providing 42% of the annual cooling demand. 
It runs in the DCS-mode for 7% of operating hours, for 52% in the adiabatic cooling 
mode. The relative humidity exceeded 0.6 for 2% of the year. A mean COP during 
the DCS-modes of 0.92 was calculated. 
Compared to the simulations of case 1 considering the room conditions, the relative 
humidity exceeds 0.6 more often resulting in uncomfortable room conditions. The 
desired inlet temperature of 17 °C can be reached in Phoenix, Seville and Stuttgart 
in half of the time with the adiabatic cooling mode. However, the dehumidifier 
is often disabled when indoor relative humidity is too high. The calculated mean 
COP's are significantly higher than in case 1 with the other control strategy. 
8. This desiccant cooling ventilation cycle was designed with V' = 150m3/h or V= 
518m3/h if additional cooling is required during occupation time. To obtain a 
better system performance VR/VP is variable between 0.35 and 0.75 dependent on 
regeneration temperature. Furthermore night ventilation with V= 518m3/h cor- 
responding to 4 air changes per hour was enabled. The night ventilation is used 
through desiccant cooling system to enable cooling by humidifiers if appropriate. 
This cycle was adapted to a heavyweight building according to BESTEST case 940. 
The simulation results were listed in Table 5.15. 
In Djakarta the desiccant cooling system powered only by solar energy is only ca- 
pable of providing less than 1% of the annual cooling demand. The inlet humidifier 
must be enabled for 87% of the operating hours. Comparing to case 3 these value 
show that the desiccant cooling system does not decrease the cooling demand, it 
increases it caused by the insufficient dehumidification. The relative humidity ex- 
ceeded 0.6 for 87% of the year. However, the mean COP during the DCS-modes of 
3.95 shows good system performance. 
In Phoenix the system is capable of providing 76% of the annual cooling demand. 
This is 1% more than in the comparable case 3. It runs on its initially desired mode 
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in 68% of the operating hours, for 12% in the adiabatic cooling mode and in No 
in the ventilation mode. For 1017.. of the operating hours the rotating dehumidifier 
cannot remove enough water from the process, resulting in a disabling of the inlet 
humidifier. The relative humidity exceeded 0.6 for 9% of the year. A mean COP 
during the DCS-modes of 1.42 was calculated. This value is significantly higher 
than in case 3 without a bypass control. 
In Seville the system is capable of providing 80% of the annual cooling demand. 
This is 2% more than in the comparable case 3. It runs on its initially desired 
mode for 57% of the operating hours, for 12% in the adiabatic cooling mode and 
in the ventilation mode. For 15% of the operating hours the rotating dehumidifier 
cannot remove enough water from the process, resulting in a disabling of the inlet 
humidifier. Referring to case 3 this is 5% less. The relative humidity exceeded 0.6 
for 13% of the year. A mean COP during the DCS-modes of 1.67 was calculated. 
This value is significantly higher than in case 3 without a bypass control. 
In Stuttgart the system is capable of providing 90% of the annual cooling demand. 
This is 1% more than in the comparable case 3. It runs on the DCS-mode for 
35% of the operating hours, for 15% in the adiabatic cooling mode and for 17% 
in the ventilation mode. For 1% of the operating hours and of the entire year the 
rotating dehumidifier cannot remove enough water from the process, resulting in a 
disabling of the inlet humidifier. A mean COP during the DCS-modes of 1.01 was 
calculated. This value is significantly higher than in case 3 without a bypass control. 
As expected, the mean COP of the desiccant cooling system increases if the regen- 
eration air flow is decreased. However, it is interesting that the provided cooling 
energy of the desiccant cooling system with a bypass control also increases, because 
higher regeneration temperatures occur by a lower regeneration air flow. Reduced 
dehumidification efficiencies and higher regeneration temperatures are more useful 
for the performance of the dehumidifier than high dehumidification efficiencies but 
low regeneration temperatures. Compared to the other cases without a bypass con- 
trol, more dehumidification is achieved in hours with only poor irradiation. This 
results in less hours in which the inlet humidifier must be disabled. 
9. This double stage desiccant cooling ventilation cycle was designed with the min- 
imum hygienic fresh air demand of t' = 150m3/h during occupation time. The 
collector area was divided in half for both dehumidifiers. This cycle was adapted 
126 
to a heavyweight building according to BESTEST case 940. The simulation results 
were presented in Table 5.16 and were carried out only for Djakarta's climate. 
In Djakarta the double stage desiccant cooling system powered only by solar energy 
is capable of providing 7% of the annual cooling demand. The cause of this low 
value is the very high absolute humidity of the tropical climate. However. this is 
more than twice that of the system in case 1. The rotating dehumidifiers cannot 
remove enough water from the process air to keep the desiccant cooling system run- 
ning in its initially desired mode. Because of the requirements of thermal comfort 
with a maximum desired indoor relative humidity of 0.6, the inlet humidifier must 
be disabled for 74% of the operating hours. This results in an inlet temperature 
close to the indoor temperature in these cases. The relative humidity exceeded 0.6 
for 83% of the year. This high value occurs because a natural air change of 0.2 per 
hour is considered. However, the mean COP during the DCS-modes of 2.32 shows 
good system performance. 
10. This double stage desiccant cooling ventilation cycle was designed with the min- 
imum hygienic fresh air demand of V= 150m3/h or V= 518m3/h if additional 
cooling is required during occupation time and night ventilation with V= 518m3/h 
corresponding to 4 air changes per hour. The collector area was divided in half for 
both dehumidifiers. This cycle was adapted to a heavyweight building according to 
BESTEST case 940. The simulation results were presented in Table 5.16 and were 
carried out only for Djakarta's climate. 
In Djakarta the double stage desiccant cooling system powered only by solar energy 
is capable of providing 29% of the annual cooling demand. This is 4.1 times more 
than in the previous study, although the air flow is increased by the factor 3.5. 
Because of the requirements of thermal comfort with a maximum desired indoor 
relative humidity of 0.6, the inlet humidifier must be disabled for 73% of the oper- 
ating hours. This results in an inlet temperature close to the indoor temperature 
in these cases. The relative humidity exceeded 0.6 for 73% of the year. This high 
value occurs, because a natural air change of 0.2 per hour is considered. However, 
the mean COP during the DCS-modes of 2.65 shows good system performance. 
The higher COP compared to the previous case study can be explained with the 




Suggestions for the Design of 
Desiccant Cooling Systems 
In the following chapter general suggestions for the design of solar driven desiccant cool- 
ing systems will be given. These suggestions have been developed from the experience 
gained with the desiccant cooling test plant and from the interpretations of the simu- 
lation case studies. Appropriate solar driven desiccant cooling systems for the different 
climates investigated in this work will be given and the special features of plants, collector 
systems and buildings will be illustrated. In those cases in which a solar driven desiccant 
cooling system cannot ensure the desired thermal comfort, suggestions for appropriate 
combinations with different air conditioning systems will be given. In these selections the 
energy efficiency will be of greatest interest. After the general description of the systems 
detailed information on the required components will be provided and criteria for the 
control strategies in the different applications will be given. 
6.1 General Suggestions for Desiccant Cooling with 
Solar Energy 
Due to the type of construction of desiccant cooling systems with only air as a the cooling 
medium, the cooling capacity is linearly dependent on the volume flow for steady-state 
room conditions and for the same regeneration temperatures. Desiccant cooling systems 
in general and all air conditioning systems using the entering air as the cooling medium 
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are energetically interesting if the cooling loads can be removed from the building with no 
more than the fresh air demand required for health and hygiene. In cases where sensible 
cooling loads dominate, air systems are often not the appropriate choice due to the energy 
demand of the fans. Normally, it is more energy saving to use a liquid medium, as for 
example with chilled ceilings, to avoid an energy consuming high air flow. Hence. modern 
cooling concepts focus on the separation of cooling and ventilation where possible. As 
a result, desiccant cooling systems as complete air conditioning systems are mainly ap- 
propriate for applications with a high fresh air demand, as for example assembly rooms, 
lecture halls and offices for a large number of people. 
Desiccant cooling ventilation cycles shown in Figure 5.11 provide dehumidification, cool- 
ing and the required ventilation to accomplish the fresh air demand of people. They are 
the common manner of configuration of a desiccant cooling system. However, for special 
applications it is convenient to use modified cycles. 
An advantage of the desiccant cooling ventilation cycle with ambient air regeneration as 
shown in Figure 5.12 is that the returning air need not be carried to the intake of the 
solar collectors. This is an important feature, because with the use of solar air collector 
facades constructive problems appear with the need of carrying the air to the bottom of a 
facade. A further advantage is that leaks in the solar air collector facade do not influence 
the system's performance in the same way as in the common cycles, where the returning 
air flow and, hence, the cooling capacity of the heat recovery and the outlet humidifier 
will be decreased. However, this system configuration has disadvantages. It requires a 
third fan and consequently more electrical energy. A further disadvantage is that the heat 
of adsorption after the dehumidifier will not be recovered for the regeneration process. 
Desiccant cooling recirculation cycles as shown in Figure 2.6 are appropriate for use 
in applications where latent loads dominate, for example in industrial processes. Here, 
where dehumidification is needed and the fresh air demand is not high, the advantage of 
a recirculation cycle compared to a ventilation cycle is that the cooling capacity is equal 
to the cooling load of the building, because the ambient air need not be cooled down 
and dried to the desired indoor air conditions. However, if mainly sensible cooling loads 
must be removed, an air system is questionable because of the high energy demand of 
fans. Furthermore, the fresh air demand must be provided by another ventilation system. 
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In desiccant cooling systems, flat-plate collectors. vacuum tube collectors and solar air 
collectors can all be used. Due to the maximum regeneration temperature requirements 
of around 80 °C , vacuum tube collectors which can provide higher temperatures are not 
necessary. If the cooling load is well correlated, in time, with the irradiance, solar air 
collectors are appropriate for providing the required regeneration heat in desiccant cool- 
ing systems. The advantages of solar air collectors in desiccant cooling systems are the 
ability to avoid a heat exchanger, the easy building integration and the reduced costs 
compared to flat-plate collectors. The area demand of solar air collectors should be de- 
termined with detailed calculations. To provide a provisional value the specific area used 
in the simulations was in the cases with 4 air changes per hour, 8.8% of the floor area 
(case studies 2,3,8 and 10). Furthermore, the specific area was 8.3 m2 per 1000 m3/h 
of air flow. Assuming an inlet temperature of 10 K below the room temperature the 
area demand results in 2.4 m2/kW of removed cooling load. Using flat-plate collectors 
with storage systems, higher fractions can be appropriate, because these systems can 
facilitate cooling during hours with no sunshine. A significant decrease of the COP of 
desiccant cooling systems with solar air collectors can occur if they are not leak-tight. 
Ambient air will be sucked in through the small gaps at the flanges resulting in a reduced 
air flow from the building. This unbalanced air flow leads to an insufficient temperature 
reduction in the process air flow at the heat recovery. Furthermore, the cooling capacity 
of the outlet humidifier is reduced. Particularly interesting for desiccant cooling systems 
with solar air collectors are the ventilation cycles with ambient air regeneration as men- 
tioned above. Leaks at the solar air collectors will not influence the COP of the system 
in such a major way as in the common ventilation cycle. However, these investigations 
have shown that regeneration is possible with a significantly reduced regeneration air flow. 
6.2 Control of Desiccant Cooling Systems with Solar 
Energy 
Desiccant cooling systems must be controlled to reach optimum performance and high 
COPs. One possibility for the control is the use of the inlet temperature as the control 
parameter. The desiccant cooling system will be switched into different possible modes 
(see page 100) to achieve an inlet temperature which should be close to a specified value, 
for example 17'C . 
This automatically results, during winter, in the use of the heat re- 
covery mode, in spring and autumn in the use of the ventilation mode and in summer 
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in the use of the adiabatic cooling mode and the desiccant cooling modes. The advan- 
tage of this control strategy is that the inlet temperature is maintained within a small 
band, allowing good planning for the air distribution system. In all climates investigated 
high COPs can be reached because the system operates approximately half the time in 
the adiabatic cooling mode, which means that the dehumidifier, the inlet humidifier and 
the solar collectors are not needed. In Stuttgart such a temperature control, neglecting 
the indoor humidity can provide comfortable conditions 99% of the time. In the other 
climates which are more humid the indoor relative humidity often exceeds the maximum 
permissible value. However, the dehumidifier is often disabled when indoor relative hu- 
midity is too high, because this value is not part of the control. To avoid ignoring such 
indoor conditions, a control strategy depending on the room conditions is suggested in 
Table 5.7. By controlling the desiccant cooling system dependent on the room conditions. 
which can be measured in the outlet air flow, the interaction with the building can be 
taken into account. When using solar energy, the control of desiccant cooling systems 
must be adapted to solar operation to achieve high solar fractions. In contrast to desic- 
cant cooling systems in which the regeneration energy must be paid for and should be 
minimized, the solar energy should be used at all times when available. 
Using a variable air flow dependent on the solar irradiation decreases the demand of elec- 
trical energy for the fans. Furthermore, with a variable regeneration air flow, the mean 
COP of the desiccant cooling system can be increased. However, the cooling energy 
provided by the desiccant cooling system with a bypass control to achieve the variable 
regeneration air flow also increases because higher regeneration temperatures occur with 
a lower regeneration air flow. As the measurements and the simulations showed reduced 
dehumidification efficiencies and a higher regeneration temperatures are more useful for 
the performance of the dehumidifier than high dehumidification efficiencies but low regen- 
eration temperatures. Hence, enabling a bypass control leads to more dehumidification at 
times with only poor irradiation. This results in fewer hours in which the inlet humidifier 
must be disabled. To achieve thermal comfort with this control strategy in which the 
inlet temperature is not controlled, high inductive air inlet systems should be used to 
avoid draught because low inlet temperatures may occur. A further suggestion is to use 
controlled inlet humidifiers to avoid exceedingly low inlet temperatures. 
Rotary dehumidifiers in solar driven desiccant cooling systems with fluctuating regener- 
ation temperatures can be run at variable rotation speed. Particularly when high regen- 
eration temperatures occur, the dehumidification decreases due to the heat retention. A 
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control strategy for an optimum dehumidifier rotation was presented in EICKER ET AL. 
1998 A. The temperature in the exhaust air stream will be measured directly behind 
the sorption wheel and shortly before the process section is entered. The performance of 
the desorption process is evident from the difference between this temperature and the 
regeneration temperature. Having a small temperature difference at high regeneration 
temperatures shows that the desorption process is still completed and the desiccant will 
be unnecessarily heated. This results in a decreased dehumidification in the adsorption 
section of the dehumidifier, because the desiccant must first be cooled down to temper- 
atures at which an adsorption is possible. In such a case, the control may increase the 
rotation speed. Figure 6.1 shows the arrangement of the control sensors for this approach. 
ztor 
to heat recovery 
to outside 
ion 
Figure 6.1: Control of rotation fluctuating regeneration temperatures 
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6.3 Desiccant Cooling in Different Climates 
In the following the results of the simulations will he concluded to give design suggestions 
for the application of desiccant cooling systems in different climates. The locations used 
for the simulations can also be used as examples for similar climates. 
As the simulations show it is only possible in climates like Stuttgart to ensure thermal 
comfort for most of the year with a desiccant cooling system driven only by solar energy 
from air collectors. In the climates of Seville and Phoenix (Arizona) additional cooling 
and dehumidification are required. One possibility for providing cooling during hours 
with no irradiation is to store solar thermal energy. Here, systems with flat-plate collec- 
tors and storage systems may be appropriate. Due to the advantages with regard to the 
building integration of solar air collectors, a combination with solar liquid collectors is 
also possible. 
Desiccant cooling ventilation cycles with ambient air regeneration as shown in Figure 5.12 
show a system performance comparable to the common ventilation cycle in climates like 
Stuttgart, Seville and Phoenix. Only in Djakarta, where the ambient absolute humidity 
is higher than the humidity after the outlet humidifier, this system shows a poor perfor- 
mance compared to the common cycle. In climates where the ambient absolute humidity 
is less than the humidity after the outlet humidifier, lower regeneration temperatures are 
possible to achieve the same dehumidification. 
In climates with a high absolute humidity like the investigated climate of Djakarta, com- 
mon desiccant cooling systems with rotating dehumidifiers cannot ensure enough dehu- 
midification. Nevertheless, in these climates the sorptive dehumidification provides a 
main energetic advantage compared to the dehumidification by surface coolers. For these 
cases desiccant cooling systems with a cooled dehumidification process meet the require- 
ments. However, these systems are not in such a marketable commodity as the systems 
with the rotating dehumidifiers. A suggestion is to create a double stage desiccant cooling 
cycle as shown in Figure 5.14 by adding a second rotating dehumidifier and a second heat 
recovery to the common desiccant cooling ventilation cycle. This additional part must 
be regenerated by ambient air. 
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Furthermore, hybrid systems combining conventional compressor cooling technology and 
desiccant cooling technology can provide a good contribution for energy-efficient air con- 
ditioning systems. Possible configurations of desiccant cooling systems with compression 
chillers are shown in Figure 6.2 and Figure 6.3. Solar assisted systems are shown in Figure 
6.4 and Figure 6.5. Using compressor cooling technology in combination with desiccant 
cooling systems leads to high overall COPs (see Table 2.1) because the condenser heat (>f 
the compressor is used for the regeneration. This results in a significantly smaller area 
demand for the solar collectors. Moreover, smaller or in some cases no cooling towers 
will be required. The system configuration shown in Figure 6.4 is appropriate in climates 
where the absolute humidity of the ambient air does not exceed values of 20 g/kg. Hence, 
it is a solution for the presented climates of Seville, Phoenix and Stuttgart. In tropical 
climates like Djakarta the system configuration shown in Figure 6.5 is appropriate if only 
one dehumidifier should be used. Nevertheless, the appropriate system combination must 
be investigated by simulations. 
Today's air conditioning concepts often use the combination of chilled ceilings and dis- 
placement ventilation. To run these systems, cold water temperatures of around 15 °C for 
the chilled ceilings and inlet air temperatures of around 22 °C must be provided. These 
two requirements appear unachievable with desiccant cooling systems because they are 
pure air handling units and the idea is to achieve low inlet temperatures to remove a 
large amount of the cooling load from the building. However, by the use of a compressor 
for the cold water circuit a part of the regeneration heat for a desiccant cooling sys- 
tem can be provided by the condenser. Also, by the use of a controlled inlet humidifier 
with a variable humidification efficiency the required inlet temperatures for displacement 
ventilation can be accomplished. If only a small amount of water is evaporated by the 
inlet humidifier the indoor-air relative humidity decreases, resulting in a lower dew point 
temperature of the air. This makes it possible to allow lower temperatures of the chilled 
ceiling without condensation, resulting in a higher cooling capacity. 
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Figure 6.2: Combination of a desiccant cooling system with a compression chiller without 
using solar energy (Inlet humidifier is replaced by the surface cooler) 
Figure 6.3: Combination of a desiccant cooling system with a compression chiller without 
using solar energy (Surface cooler in front of the dehumidifier to achieve deep dehumidi- 
fication) 
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Figure 6.4: Solar assisted desiccant cooling system with a compression chiller (Inlet 
humidifier is replaced by the surface cooler) 
Figure 6.5: Solar assisted desiccant cooling system with a compression chiller (Surface 
cooler in front of the dehumidifier to achieve deep dehumidification) 
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6.4 Current Economical Aspects of Desiccant Cool- 
ing Systems 
In the following a rough economical comparison of desiccant cooling systems with con- 
ventional air conditioning systems with compression chillers will be given. Furthermore, 
the main parameters for a detailed economical analysis will be presented to carry out 
comparisons for different boundary conditions. On this basis possible energy savings and 
the reduction of running costs can be calculated by detailed simulation programs. At t lie 
moment, the investment costs for desiccant cooling systems without solar components 
are close to those of conventional air conditioning systems with compression chillers. In 
dependence of the costs for the regeneration heat, the running costs can be 1/3 lower than 
for the conventional system according to HEINRICH and FRANZKE 1997. The main vari- 
ables for possible investment and running cost reductions for desiccant cooling systems 
compared with conventional air conditioning systems with compression chillers are: 
" Cooling tower is not necessary 
9 Cost reduction in the building construction by the use of collector facades and 
collector roofs 
" Possibility to use waste heat or to get cheap heat at the required temperature level 
" Consideration of the reduction of the electrical peak load 
" Costs and quality of the fresh water, which must be prepared for the use in the 
humidifiers 
" Full-year running time must be considered and the reduction of the energy demand 
in winter due to the high efficient working enthalpy recovery and heat recovery 
Compared to conventional air conditioning systems the following components must be 
installed additionally and lead to an increase of the investment costs: 
9 Dehumidifier 
9 Solar collectors 
" Complex control system especially for solar driven systems 
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EICKER gives an example for the cost distribution of a current project where a solar 
assisted desiccant cooling system with solar air collectors is installed the costs can be 
assigned to 60% for the desiccant cooling system, 8% for the ductwork of the air distri- 
bution system, 12% for the solar air collectors. 7% for the installation of the solar air 
collectors and 13% for the connecting ductwork of the solar air collectors. In this project, 
approximately 1/3 of investments were needed for the solar components. In future, it can 
be assumed that especially the costs for the control system of a solar powered desiccant 
cooling system will decrease because these systems are, obviously. in a pilot phase. 
Generally, the amount of electrical energy needed for the fans is higher in desiccant cool- 
ing systems, compared with conventional systems, due to the additional pressure losses 
at the dehumidifier. Furthermore, significant pressure losses can occur in the solar air 
collectors. In Table 6.1 the pressure losses of an air conditioning system with compres- 
sion chiller, heat recovery and two humidifiers, of a desiccant cooling system with solar 
air collectors and of a desiccant cooling system with solar air collectors and ambient air 
regeneration are listed exemplary. The pressure losses were assumed to be constant 200 
Pa for all inlet and outlet ductwork. Only for the desiccant cooling system with ambient 
air regeneration where the outlet ducts are separated from the regeneration ducts the 
pressure losses were assumed to be 150 Pa for each. It can be shown in this example 
that the overall pressure losses of a desiccant cooling system were 18% greater than the 
pressure losses of the corresponding air conditioning system without a dehumidifier and 
without solar air collectors. The desiccant cooling system with ambient air regeneration 
leads to overall pressure losses which are 26% higher. To avoid an increase in the demand 
for electrical energy for the fans, the velocities chosen should be smaller than in other 
systems. This also leads to higher component efficiencies. 
The savings of primary energy which can be expected with solar assisted desiccant cooling 
systems must be evaluated by detailed thermal simulations. According to the investiga- 
tions presented on page 42 around 60% of primary energy savings can be achieved in 
Germany assuming a solar fraction of 90%. A conventional air conditioning systems with 
compression chillers and heat recovery is considered as the reference system. 
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Table 6.1: Examples of pressure losses in different air conditioning systems, 
air conditioning system components . 
\P(Pa] 
air conditioning system heat recovery 150 
with heat recovery heat exchanger (cooling, dehumidification) 150 
and humidifier heat exchanger (heating) 150 
Vin = vout = 3m/s humidifier 100 
ducts, muffler, filter 200 
humidifier 100 
heat recovery 150 
ducts, muffler, filter 200 EPi = 1200 
desiccant cooling system dehumidifier 210 
with solar air collectors heat recovery 150 
Vin = vout = 3m/s humidifier 100 
VR/VP = 0.75 ducts, muffler, filter 200 
humidifier 100 
heat recovery 150 
solar air collectors 150 
dehumidifier 150 
ducts, muffler, filter 200 EP1 = 1410 
desiccant cooling system dehumidifier 210 
with solar air collectors heat recovery 150 
(ambient air regeneration) humidifier 100 
Vin = vout = 3m/s ducts, muffler, filter 200 
VR/VP = 0.75 humidifier 100 
heat recovery 150 
ducts, muffler, filter 150 
solar air collectors 150 
dehumidifier 150 




The aim of this work was the detailed investigation of the performance of desiccant cool- 
ing systems driven only by warm air from solar air collectors. These solar air collectors 
have not been implemented in desiccant cooling systems yet and seem to be appropriate 
for the implementation of solar energy, because desiccant cooling systems are air handling 
units requiring warm air for the regeneration process. Therefore, a test plant has been 
installed. Parametric studies, particularly of the dehumidifier, have been undertaken 
One of the main results is the fact that the dehumidification efficiency decreases only by 
6% while the air flow is reduced from VR/VP = 0.75, which is a usual operating mode, 
to VR/VP = 0.50. An air flow ratio of VR/Vp = 0.35 would decrease the dehumidification 
efficiency by 19% using the same reference. A reduction of the regeneration air flow is 
important for saving energy, as the energy input for regeneration is linearly dependent 
on the regeneration air flow. A reduced regeneration air flow enables desiccant cooling 
systems to run with high COPs. 
The results of the measurements were used as input parameters for a new dynamic simula- 
tion program, which was specifically developed for the purpose of assessing the potential 
for desiccant cooling systems under different climatic conditions. This modular simu- 
lation tool allows dynamic thermal building simulations and the simulation of heating, 
ventilation and air conditioning systems and their interaction. 
The simulations were executed for a desiccant cooling system with solar air collectors con 
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nected to a test building and using climatic data of Stuttgart. Phoenix (Arizona), Sev-ilk 
and Djakarta. The use of solar air collectors signifies that no energy storage is available 
either in the desiccant cooling system or in the solar system. Thermal inertia is only 
provided by the mass of the building. As the simulations show, it is almost possible in 
climates like Stuttgart to ensure thermal comfort with a desiccant cooling system driven 
only by solar air collectors nearly all the time. In the investigated climates of Seville and 
Phoenix additional cooling and dehumidification are required 
The simulation results for a system, which can provide an air flow of 4 air changes per 
hour, show that in heavyweight buildings the use of solar energy alone without any stor- 
age system can cover 89% of the cooling demand in Stuttgart, 78% of the cooling demand 
in Seville, 75% of the cooling demand in Phoenix and only 1% of the cooling demand in 
Djakarta. In the tropical climate of Djakarta or during humid periods in Phoenix and 
Seville, it is necessary to disable the function of the inlet humidifier, resulting in an inlet 
air temperature close to the room conditions. Hence, the cooling capacity of the system 
is very low. On the other hand, the simulations show that in humid climates the COPs 
obtained of the desiccant cooling systems are high and reach values significantly greater 
than 1. This shows that it is extremely useful to install desiccant cooling systems working 
only for sorptive dehumidification, which is less energy-consuming than dehumidification 
in common air conditioning systems, where the air must be cooled below or close to the 
dew point temperature. 
Next to the common desiccant cooling ventilation cycle, a cycle with ambient air regen- 
eration was investigated. It shows a system performance comparable to the common 
ventilation cycle. An advantage of this desiccant cooling ventilation cycle with ambient 
air regeneration is that the returning air need not be carried to the intake of the solar 
collectors. A further advantage is that leaks in the solar air collectors do not influence the 
system's performance in the same way as in the common cycles, where the returning air 
flow and, hence, the cooling capacity of the heat recovery and the outlet humidifier will 
be decreased. In climates where the ambient absolute humidity is less than the humidity 
after the outlet humidifier, lower regeneration temperatures are possible to achieve the 
same dehumidification. 
For the requirements of deep dehumidification in tropical climates, an additional compo- 
nent for dehumidification is necessary. Therefore, a double stage desiccant cooling cycle 
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with a second rotating dehumidifier and a second heat recovery is suggested. A desiccant 
cooling system with this configuration can cover 29% of the cooling demand in Djakarta 
using the same study as before where only 1% were achieved. 
Desiccant cooling systems are also appropriate for system combinations as for example 
with compression chillers. Using compressor cooling technology in combination with des- 
iccant cooling systems leads to high overall COPS because the condenser heat of the 
compressor can be used for the regeneration of the dehumidifier. This results in a signif- 
icantly smaller area demand for the solar collectors. 
The mean COP of the desiccant cooling system increases by using a variable regenera- 
tion air flow. However, the provided cooling energy of the desiccant cooling system with 
a bypass control also increases, because higher regeneration temperatures occur with a 
lower regeneration air flow. Reduced dehumidification efficiencies and higher regener- 
ation temperatures are more useful for the performance of the dehumidifier than high 
dehumidification efficiencies but low regeneration temperatures. 
By controlling the desiccant cooling system in dependence on the room conditions, which 
can be measured in the outlet air flow, the interaction with the building is taken into 
account. When using solar energy, the control of desiccant cooling systems must be 
adapted to solar operation to achieve high solar fractions. In contrast to desiccant cooling 
systems in which the regeneration energy must be bought and should be saved, the solar 
energy should be used at all times when it is available. Therefore, future work should focus 
on the development of control strategies especially when different cooling technologies 
should be combined to achieve synergistic effects. 
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Appendix A 
In the following graphs the simulation results of case 1,3,7 and 8 will be shown in 
exemplary fashion. The results are presented for the hottest 3-day-period evaluated in 
case study 1 and for the entire year of case study 8 for the climates of Seville, Stuttgart 

































































Figure A. 1: Seville: Simulation results of case study 1 (heavyweight building, hygienic 
ventilation during occupation time). Detailed description on page 102. Discussion of the 
































































Figure A. 2: Seville: Simulation results of case study 3 (heavyweight building, ventilation 
with maximum 4 air changes per hour, night ventilation). Detailed description on page 

































































Figure A. 3: Seville: Simulation results of case study 7 (heavyweight building, hygienic 
ventilation during occupation time, controlled to reach an inlet temperature close to 


































































Figure A. 4: Seville: Simulation results of case study 8 (heavyweight building, ventilation 
with maximum 4 air changes per hour, night ventilation, regeneration air flow controlled). 
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Figure A. 5: Seville: Simulation results of case study 8 (heavyweight building, ventilation 
with maximum 4 air changes per hour, night ventilation, regeneration air flow controlled). 
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Figure A. 6: Stuttgart: Simulation results of case study 1 (heavyweight building, hygienic 
ventilation during occupation time). Detailed description on page 102. Discussion of the 






































































Figure A. 7: Stuttgart: Simulation results of case study 3 (heavyweight building, ventila- 
tion with maximum 4 air changes per hour, night ventilation). Detailed description on 
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Figure A. 8: Stuttgart: Simulation results of case study 7 (heavyweight building, hygienic 
ventilation during occupation time, controlled to reach an inlet temperature close to 
































































Figure A. 9: Stuttgart: Simulation results of case study 8 (heavyweight building, ven- 
tilation with maximum 4 air changes per hour, night ventilation, regeneration air flow 
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Figure A. 10: Stuttgart: Simulation results of case study 8 (heavyweight building, ven- 
tilation with maximum 4 air changes per hour, night ventilation, regeneration air flow 
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Figure A. 11: Phoenix: Simulation results of case study 1 (heavyweight building, hygienic 
ventilation during occupation time). Detailed description on page 102. Discussion of the 
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Figure A. 12: Phoenix: Simulation results of case study 3 (heavyweight building, venti- 
lation with maximum 4 air changes per hour, night ventilation). Detailed description on 
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Figure A. 13: Phoenix: Simulation results of case study 7 (heavyweight building, hygienic 
ventilation during occupation time, controlled to reach an inlet temperature close to 
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Figure A. 14: Phoenix: Simulation results of case study 8 (heavyweight building, ven- 
tilation with maximum 4 air changes per hour, night ventilation, regeneration air 
flow 
controlled) . 
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Figure A. 15: Phoenix: Simulation results of case study 8 (heavyweight building, ven- 
tilation with maximum 4 air changes per hour, night ventilation, regeneration air flow 
controlled). Detailed description on page 103. Discussion of the simulation results on 
page 125. 
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